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Abstract

Approximately 15-20% of the world's generated electrical power is consumed by

compressors where rotary oil-lubricated compressors account for nearly 60% of the

entire air compressor market. According to market research, the demand for those

of the twin-screw type is likely to increase at a Compound Annual Growth Rate

(CAGR) of 5% from 2021 to 2026. Thus, even minor improvements in their e�ciency

can lead to a substantial reduction in carbon footprint.

With the increasing demand for more energy-e�cient machines, one of the ideas in

the screw compressor for optimising their performance is to focus on reducing power

loss. To do this, the elements contributing to the power loss and their quanti�cation

need to be understood. Analytical procedures for the design and performance esti-

mation of twin screw compressors are well-developed and widely available, but the

determination of power loss, in oil-�ooded machines is only approximated.

This study focuses on �nding the elements of power loss arising from the oil-

injected, twin-rotor screw compressor and quantifying the contribution of individual

elements' power loss for di�erent compressor sizes. The approach is to �nd available

technologies and develop new methods for the prediction of power loss in elements

like rolling element bearings, shaft seals, oil drag and transmission.

After a comparison of available methods bearing power loss prediction and lit-

erature available experimental results, the Harris model �ts best for the prediction

of power loss arising from rolling element bearing. Based on the semi-analytical ap-

proach and experimental measurement presented by Frölich et al. (2014) and Engelke

(2011), respectively, a combined model is developed for the prediction of power loss

from the shaft seals. As the oil in the compressor experiences inertial and pressure-

induced �ow, a combined Couette-Poiseuille �ow model is established for drag loss

estimation. This drag loss model is experimentally validated with di�erent screw ro-

tor pro�le con�gurations. It is understood from the predictions for total power loss

and its comparison for di�erent sizes of the compressor, that the bearing power loss

and oil drag loss are the main contributing elements to the total power loss whereas

shaft seal power loss is negligible.

With the use of the proposed method and parametric analysis, the elements

contributing to power loss and the e�ect of di�erent operational parameters like

pressure ratio, speed and size of the compressor are analysed. This can help the

designers to optimise the working of the compressor at the design stage.
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Chapter 1

Introduction

1.1 Introduction

Compressors are used to increase the pressure of the compressible �uid. The �uid

can be either gas or vapour, with a variety of molecular weights. The inlet pressure

can range from vacuum to positive pressure, while the discharge pressure can range

from atmospheric to thousands of bar. A variety of applications for compressed gas

makes compressors an essential part of ever-increasing industrialisation. Typically

compressed gas is used in Oil and Gas, Process Gas extraction, Refrigeration and Air-

conditioning, Civil Engineering, Building industry and Manufacturing industry; the

Manufacturing industry is one of the biggest users of compressors as shown in Figure

1.1. Although the numbers shown in Figure 1.1 are not presented in the original

reference, these are calculated based on certain measurements and are indicative.

Based on compression methods, mainly e�ected by mechanical motion, the com-

pressors can be divided into two groups, either positive displacement compressors or

dynamic compressors. The positive displacement compressors work in cycles wherein

a speci�c quantity of the gas is moved into the compressor, compressed and dis-

charged from the compressor. This cycle is repeated, thus providing the intermittent

�ow of the compressed gas.
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Figure 1.1: Global stationary air compressor market size, by Application, 2020 (GMI,
2022)

In the case of dynamic compressors, the gas is compressed less intermittently,

as compared to positive displacement compressors, during the compression process;

hence they are continuous �ow compressors. The classi�cation of commonly used

industrial compressors is shown in Figure 1.2.

Figure 1.2: Classi�cation of compressors (Yen, 2022)

Positive displacement compressors work on the principle of reduction of the gas

volume to increase its pressure. This reduction in volume is achieved by reducing

the volume of the working chamber where the gas is compressed. Two distinct types
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of positive displacement compressors are referred to as; reciprocating and rotary

compressors.

In dynamic compressors, energy is transferred to the gas from a moving set

of blades. The rapidly rotating element accelerates the gas as it passes through

it, converting the kinetic energy to pressure, partially in the rotating element and

partially in stationary di�users or blades.

A typical application range of these compressors is shown in Figure 1.3. The re-

ciprocating compressors are used in low-medium �ow rate and medium-high pressure

ratios. The rotary compressors best suit the medium �ow rate and medium pressure

ratio, while the dynamic compressors are used for high �ow and low-medium pressure

ratios.

Figure 1.3: Typical application ranges of compressor types

1.2 Rotary Compressors

Rotary compressors are a part of positive displacement compressors, where the gas

is compressed by one or multiple rotating elements. This being a type of positive

displacement compressor, the compression is performed in an intermittent mode. In

reciprocating compressors, the rotary motion of the prime mover is converted into

linear motion, which inherently makes them mechanically less e�cient. Whereas in

the case of rotary compressors, the rotary motion of the prime mover is directly

transferred to rotate the rotor/s to create pressure. This enables rotary machines to
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run at higher speeds, making them one of the most e�cient compressors with high

mechanical and volumetric e�ciency. As indicated in Figure 1.2, several types of

rotary compressors are explained in the next section.

1.2.1 Vane Compressor

The construction of a sliding-vane compressor consists of a single rotating element.

The cylindrical housing and the rotor are mounted eccentrically. The rotor has slots

�tted with vanes, as shown in Figure 1.4. As the rotor rotates inside the housing,

the vanes oscillate in and out of the slots. The gas is trapped between a pair of vanes

when the slots pass the inlet port. The successive rotation of the rotor reduces the

trapped gas volume and increases the pressure before it is discharged into the port.

Figure 1.4: Vane compressor (Mechanical-Jungle, 2022; Ref-Wiki, 2022)

This con�guration is widely used as a compressor and as a vacuum pump. The

disadvantage of this type of compressor is that the discharge pressure is limited

if the suction pressure is atmospheric. However, it can also be used as a booster

compressor to deliver discharge pressure up to 27 bar. Because these compressors

are not �exible to capacity control and the high cost of multi-staging limits the use

of Vane compressors in certain applications.

1.2.2 Liquid Ring Compressor

Similar to rotary vane compressors, an o�set rotor is placed in a cylindrical housing

of the liquid ring compressors. The �uid, mainly water, is fed into the housing, which

is thrown towards the periphery of the housing because of the centrifugal action. The

void created at the rotor centre draws the gas inside the compression chamber from

the inlet port. Further rotation of the rotor compresses the gas within the chamber
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and is �nally released through the discharge port, as shown in Figure 1.5.

Figure 1.5: Liquid ring compressor (Compressed-Air-Blog, 2022)

This type of machine is being used not only as a compressor but also as a vacuum

pump. Since the gas is washed through the liquid, liquid ring compressors are better

suited for harsh environments and can tolerate contaminants.

1.2.3 Lobe Compressor

The Lobe compressor, also commonly known as Roots Blower, consists of two un-

twisted or straight lobes that intermesh, as shown in Figure 1.6. Generally, the rotor

pair used is a twin-lobe con�guration, but three-lobe con�guration rotors are also

available.

Figure 1.6: Lobe compressor (Chaprabazaar, 2022)

The lobes do not contact each other as they are driven through the timing gears.

As they rotate, the gas is trapped between the lobes once they pass through the
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inlet port. The back�ow from the discharge port compresses the gas. In the two-

lobe con�guration, four cycles of compression take place in the period of one shaft

revolution. These compressors are used for low-volume �ow rates and low discharge

pressures of up to 1 bar for a single stage and 1.5 bar for two stages. Lack of internal

compression, limited pressure range and application where noise matter limits the

usage of Lobe compressors.

1.2.4 Screw Compressor

When the straight lobes of the lobe compressor are twisted, it becomes the helical

lobe, generally referred to as the screw rotor. The gas is compressed in two inter-

meshing screw rotors and the compression housing. When the interlobe of the screw

rotor passes over the suction port, it traps a quantity of gas. Subsequent rotation

of screw rotors moves gas in the axial and circumferential direction and reduces the

volume of the trapped gas. This reduction in the volume increases the pressure of

the gas. The position of the discharge port controls the compression ratio within the

compressor.

The advantage of the screw machines is lower contact forces because of the in-

volute meshing at the contact faces and the design of the rotor pro�le. This allows

minimum torque acting on the driven rotor and better reliability than other positive

displacement machines. The development of screw machines, di�erent types and

their advantages over other con�gurations are discussed in the next section.

1.3 Development of Screw Machines

The performance of the screw machine is mainly a function of the shape of the screw

rotor pro�le. Alf Lysholm, a Swedish Engineer, began working on the development

of high-speed screw compressors in the nineteen thirties. Although the screw com-

pressor was �rst patented in 1878 by Heinrich Krigar in Germany (Brown, 1997), its

workable design was �rst prototyped, as an oil-free screw compressor, by Alf Lysholm

in 1934. This design was not easy to manufacture using the manufacturing technol-

ogy available in those days. Until the mid-nineteen sixties, these machines were not

widely used due to the inability to manufacture the rotors accurately at a reasonable

6



cost.

The single most signi�cant advance in screw compressor performance was achieved

through the adoption of asymmetric rotor pro�les in screw rotors around the nine-

teen seventies, as seen in the patents by Lysholm (1967), Persson (1968) and Schib-

bye (1970). The development and supply of thread milling machines, in 1952, by

Holroyd, UK to Howden Company in the UK contributed signi�cantly to the devel-

opment of oil-�ooded screw compressors. The introduction of �A� screw rotor pro�le

in nineteen seventy-three by SRM, a Swedish company, accelerated the use of screw

machines. Increased e�ciency of the screw machines was realised with SRM �A�

pro�le which reduced the internal leakage path area, also known as blow hole area,

by 90%. With the advent of oil-�ooded machines, the stage pressure ratios could be

increased while maintaining higher operational e�ciencies that lead to the wide use

of screw compressors (Stosic et al., 2005).

During mid nineteen eighty, using CAD and computer programs, mathematical

models and suitable simulation tools were developed by Sangfors (1984), Singh and

Onuschak (1984), Fujiwara et al. (1984) and Stosic et al. (1986). Further contri-

butions by Singh and Onuschak (1984), Tang (1995), Hanjalic and Stosic (1997),

Stosic and Hanjalic (1997) and Fleming et al. (1998) led to the ability to generate

screw rotor pro�les and accurately predicting overall screw compressor performance

with ease on computers. The development of the �N� pro�le by Stosic (1996) turned

out to be one of the best pro�les for screw compressor rotors with distinguishing

features such as rack generation, cycloidal curves on high-pressure sides of lobes and

�exibility in control over curves and curve re�nement (Stosic and Hanjalic, 1997).

Further gain in computer computational power led to the exploration of newer

ways to optimize (Kauder et al., 2002) (Stosic et al., 2003) or generate screw rotor

pro�les based on previously untouched methods such as the use of bezier curves

by Helpertz (2003), b-splines by Hauser et al. (2008), sealing line by Zaytsev and

Ferreira (2005) and deviation function method by Huang (2015).

Improved manufacturing technologies combined with computer computational

power lead to newer frontiers in the �eld. To mention a few, three-dimensional CFD

(Computational Fluid Dynamics) of screw compressors by Kovacevic et al. (1999),
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Kovacevic et al. (2002), Kovacevic et al. (2007), Kovacevic and Stosic (2013), Rane

(2015), Basha et al. (2018) and Vasuthevan and Brümmer (2018) lead research in the

�eld of CFD. The high-pressure applications of screw compressors by Hauser et al.

(2016) and Vaidya (2019), internally geared screw compressors by Read et al. (2017),

highly complex screw rotors by Gray et al. (2018), etc are the latest applications of

screw machines.

1.4 Types of Screw Machines

According to di�erent geometries and con�gurations of the rotors, the screw com-

pressors can be classi�ed by, the number of rotors: Single, Twin or multiple; rotor

axis: Parallel or Non-parallel; rotor lead: Uniform or Variable; rotor pro�le: Uniform

or Variable, relative motion: Intersecting or Non-intersecting; engagement: Planar,

Cylindrical or Globoidal.

Twin-screw and single-screw rotor con�gurations are the two widely used screw

rotor compressor con�gurations. Some other variants of the screw compressor listed

above are also in commercial use, while the remaining con�gurations are under re-

search.

1.4.1 Twin-rotor Screw Compressor

The most widely used con�guration of the rotary screw compressor is the twin-screw

compressor. A twin-screw compressor's construction is simple, comprising only a

pair of meshing rotors which have helical grooves machined in them. These rotors

are assembled in a casing that �ts closely around them. A minimal clearance is

maintained between the rotors and the casing. As the rotors rotate, they mesh like

gears while the trapped volume between the rotors and the casing is progressively

reduced. This reduction in volume causes the pressure of the trapped working �uid

to rise.

The operating principle of the twin-screw compressor is explained with the help

of Figure 1.7 and Figure 1.8.
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Figure 1.7: Working principle of a twin screw compressor (Rane, 2015)

Figure 1.8: Typical pressure and volume variation in a twin screw compressor (Rane,
2015)

As the rotors rotate, the engagement of the lobes creates suction at one end of

the rotor. Further rotation of the rotors draws more volume of the �uid into the

working chamber. This is presented in Figure 1.7 and Figure 1.8 as a stage from 2

to 3. As the lobes of rotors pass the suction port, the gas gets trapped in between

the rotors and the casing. At this point, suction ends and compression starts as

shown in Figure 1.7 as stage 4 and indicated by point number 4 in Figure 1.8. The
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volume of the gas trapped at point 4 is the maximum volume, Vs. As the rotation

of rotors continues, the trapped volume of gas reduces, causing pressurisation of the

gas till the lobes are exposed to the discharge port at the other end, as shown in

Figure 1.7 as stage 6. The volume of gas discharged when the lobes are open to

the discharge port is Vd. The ratio of suction volume to discharge volume, Vs/Vd, is

called the built-in volume ratio, Vi. This process is repeated between successive lobes

giving a continuous �ow of pressurised gas. The compressed gas type determines the

maximum pressure ratio developed by the compressor depending on the polytropic

index of the gas.

1.4.2 Single-rotor Screw Compressor

Another type of screw rotor compressor which is used commercially is a single-rotor

screw compressor. Unlike the twin-rotor screw, this con�guration has a single screw

rotor and was originated in 1962 by Zimmern and Patel. The geometry and compo-

nents of the single-rotor screw compressor are shown in Figure 1.9 (Wu and Feng,

2008). Inside the single-rotor screw compressor, only a single-screw rotor is present,

which meshes with two or more idler star-wheel rotors as shown in Figure 1.9. These

star wheels are designed in the form of stars and envelop the lobes of the screw rotor.

The star wheels are positioned so that their axes are perpendicular to the axis of the

screw rotor.

Figure 1.9: Geometry and basic components of a single-screw compressor (Wu and
Feng, 2008)

The advantage of a single-rotor screw design is that the axial and radial loads
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across the screw rotor are balanced between the high-pressure and low-pressure sides.

This is achieved by recirculating leakage from the compression chamber to the suction

through drilled holes. With the loads balanced between the high-pressure and low-

pressure sides, the bearings' life can be considerably enhanced.

A few more geometries of single-rotor screw compressors are designed and un-

der the research stage. To list a few; Planar Screw � Cylindrical Gate (PC type),

Cylindrical Screw � Planar Gate (CP type), Planar Screw � Planar Gate (PP type)

and Cylindrical Screw � Cylindrical Gate (CC type). The nomenclature is based

on di�erent con�gurations and relative axial arrangements of the male and female

rotors.

1.4.3 Other Types of Screw Compressor

A few more variants of screw compressors are being researched for commercial use.

They are described in detail below.

1.4.3.1 Variable Lead Twin Screw Compressor

The idea of screw rotors with variable lead was �rst proposed by Gardner (1969) in

a patent. A twin-screw rotor pair with constant lead is shown in Figure 1.10 (a),

whereas another set of the twin-screw rotor pair with the same diameter and length

but with variable lead is presented in Figure 1.10 (b).

(a) (b)

Figure 1.10: Meshing of twin-screw uniform and variable lead rotors (Kovacevic and
Stosic, 2013)

For the same male rotor rotation angle, when compared with the conventional

twin-screw (constant lead) compressor, the variable lead compressor can pressurise
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the gas more. This increased built-in volume ratio makes them more suitable for

high-pressure applications. Another advantage of this design is that the discharge

port area near the end of the compression can be enlarged. This larger discharge port

area reduces the leakage loss at the high-pressure discharge side. Additionally, the

length of the sealing line can be shortened by varying the lead from the suction side

to the discharge side. This shortening of the sealing line results in reduced leakage

across the sealing line, thereby increasing the volume throughput.

On the contrary, with the increase in the overlap between rotors caused by a

change in lead, the volume trapped between the rotors and the housing reduces.

This reduces compressor delivery. Another challenge with the variable lead design is

the manufacturing of the rotors. The available manufacturing processes are suitable

for the constant lead, which cannot be readily used for manufacturing variable lead

rotors which limits the use of these compressors.

1.4.3.2 Tri-rotor Screw Compressor

An increase in pressure di�erence across the rotor lobes increases the loads on the

rotor. This increase in load reduces the reliability of screw compressors due to

increased de�ections. Di�erent design philosophies are adopted to enable rotor design

to take such high loads. One such philosophy is to increase the rotor diameter and

the lobe combination. This increases the sti�ness of the rotors, thereby reducing the

rotor de�ection. However, the disadvantage of such designs is that the gas chamber

cross-section and, thus, the volume �ow rate reduces.

(a)
(b)

Figure 1.11: Tri rotor screw compressor (Jacobs, 2006)

One of the ways to increase this cross-sectional area is by increasing the number
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of rotors. A single male rotor can drive two female rotors as shown in Figure 1.11

(Jacobs, 2006). This allows the reduced radial load on the male rotor because the

suction and discharge occur at both ends of the male rotor. Although the number

of female rotors in this con�guration is twice that of a twin-screw rotor compressor,

the displacement is not twice. Also, the female rotor's higher radial forces are not

compensated like that of the male rotor. These reasons and the relatively larger size

of the male rotor make this design of screw compressor less popular.

1.4.3.3 Internal Conical Rotary Screw Compressor

A con�guration of the screw compressor, which is analogous to planetary gears, is

developed by Vert-Rotors (Vert, 2021). The shape of rotors is designed in a conical

helical shape, as shown in Figure 1.12.

Figure 1.12: Conical screw pro�le (Vert, 2021)

Out of the two rotors of this compressor, one acts as an internal rotor while

another acts as an external rotor. The con�gurations of the rotors shown in Figure

1.12 are 2/3 and 3/4. The �rst number indicates the number of lobes on the external

rotor while the second number indicates the number of lobes on the internal rotor.

This type of screw compressor achieves compression by a progressive reduction in

the rotor diameters.
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1.4.3.4 Internally Geared Parallel Rotor Machine

A con�guration of the screw machine, which has straight lobes, is an internally geared

parallel rotor machine. As the name indicates, it consists of inner and outer rotors

whose axes are parallel. The inner rotor is geared externally while the outer rotor is

geared internally, as shown in Figure 1.13. The continuous contact points between

inner and outer rotors allow the formation of an enclosed chamber whose volume

changes with respect to the rotation of rotors enabling compression or expansion.

The compression or expansion is achieved by the positioning of the end plate(s) and

port(s).

Figure 1.13: Internally geared parallel rotor machine (Read et al., 2017)

1.5 Air Screw Compressor System

Several types of screw compressors with their con�guration, advantages and disad-

vantages have been presented in the previous section. All applications require not

only the compressor but also a packaged unit of the compressor which will deliver

the desired e�ect, compressed air or gas, to the end user. The packaged unit of an

electric motor-driven oil-injected air screw compressor consists of two circuits; an air

circuit and an oil circuit, as shown in Figure 1.14.

The atmospheric air is admitted into the system through an intake air �lter,

where dust and suspended particles get trapped to allow clean air to pass through.

Before providing this admitted atmospheric air to the compressor, the intake valve,

based on the application requirement, decides to load or unload the compressor.

14



Generally, this intake valve is a spring-operated and pneumatically controlled valve

which opens and closes based on application requirements. When there is a demand

for compressed air, the intake valve opens and loads the compressor, allowing atmo-

spheric air to go to the compressor. On sensing no demand for the compressed air

from the application, the control system commands the intake valve to close, thereby

unloading the compressor.

Figure 1.14: Schematic of air screw compressor package (Compressed-Air-Best-
Practices, 2022)

Once the atmospheric air is admitted into the compressor because of the suction

created by the rotation of the screw rotors, it gets compressed to a required pressure

level within the compressor. The oil is injected into the compressor during the com-

pression to achieve near-isothermal compression. Additionally, the injection of oil

into the compressor bene�ts in lubricating the contact surfaces and sealing the clear-

ance gaps. The discharge end of the compressor sees high-pressure, high-temperature

air and oil mixture. This mixture after exiting from the compressor enters tangen-

tially into the air-oil separator tank. Here, the oil gets separated from the air in

two stages, dynamic, which utilises the cyclone e�ect and static which traps droplets

which are not separated by the dynamic part. The separated oil settles down at

the bottom of the tank on account of gravity. The suspended oil particles in the

compressed air coming from the top of the air-oil separator tank are trapped in an
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air-oil separator element at the top of the tank. This trapped and collected oil is

scavenged back to the compressor from the separator element. A minimum pressure

valve, MPV, situated at the top of the air-oil separator tank, acts as a relief valve

allowing a certain pressure to build in the tank. In addition to returning oil to the

compressor, the minimum pressure valve also helps in maintaining the required pres-

sure across the separator element for e�ective separation of oil. Once this pressure

inside the tank rises above a certain level, the MPV opens, and high-pressure air is

passed through an after-cooler before it is made available to the application. This

completes the air�ow circuit of the oil-injected air screw compressor package.

The oil which is separated from the compressed air in the air-oil separator tank

is passed to the oil cooler through a thermal valve. The pressure inside the tank

drives the oil through the oil circuit and no additional pump is required. If the oil

temperature is above a certain value, the thermal valve allows oil to go to the oil

cooler, if not, it is recirculated back to the compressor without cooling. Finally, the

oil is injected back into the compressor after �ltration, completing the oil circuit.

1.6 Motivation to Investigate Screw Compressor System

This research is a part of the collaborative initiative involving Kirloskar Pneumatic

Company Limited in Pune, India, and City, University of London in the UK. The core

focus of this collaboration is the design, development, and rigorous testing of a family

of oil-�ooded, twin-screw air compressors. The results obtained from this study will

serve as a validation framework for proposed power loss prediction methodologies,

o�ering potential ways for optimizing the design of these compressors. While the

preceding sections delve into the various categories of rotary screw machines and the

intricate geometries inherent to screw compressors, it's noteworthy that the study's

primary emphasis lies in the exploration and quanti�cation of mechanical losses

within twin-screw, oil-injected air compressors. Nevertheless, the insights obtained

from this investigation hold promise for extending their applicability to other cited

varieties of rotary screw machinery.

Given the structural similarities among crucial components�ranging from the

rotating elements, encompassing screw rotors, lobes, or vanes, to the supporting
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bearings; the lubrication mediums of oil or water, coupled with their associated drag

losses; and the sealing mechanisms�slight tweaks in input variables and geometric

parameters render the methods proposed in this study for calculating mechanical

power loss adaptable to diverse screw machine iterations.

As projected by IMARC Group, a prominent global market analysis and research

consultancy, the worldwide screw compressor market is poised to experience a Com-

pound Annual Growth Rate (CAGR) of 5% from 2021 to 2026 (IMARC, 2021). Of

notable signi�cance, rotary air compressors are expected to command a substan-

tial 60% of the overall market share (GMI, 2022). This distribution of the Rotary

compressor segment in relation to alternative compression technologies, such as Cen-

trifugal and Reciprocating, is visually represented in Figure 1.15.

Figure 1.15: Global stationary air compressor market size, by Technology (GMI,
2022)

Figure 1.16: Global stationary air compressor market share, by Region (GMI, 2022)
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The numbers presented in Figure 1.15 and Figure 1.16 are not indicated in the

original reference, these are calculated based on certain measurements and are in-

dicative. In parallel, the escalating demand for rotary compressors is anticipated to

amplify industrial power consumption. In developed nations, compressors presently

account for a signi�cant 15-20% of total electricity consumption, intensifying the

imperative to curb energy usage. To cater to the ongoing drive for enhanced energy

e�ciency, a pivotal focus revolves around minimizing speci�c power consumption�a

metric de�ned as the power prerequisite for compressing a unit volume of delivered

gas.

This objective can be achieved either by augmenting compressor �ow delivery at a

constant shaft power or by reducing shaft power requirements while maintaining con-

sistent delivery. The volume displacement from the compressor is intrinsically tied

to rotor dimensions, pro�les, and their inherent attributes. Extensive prior research

has centred on optimizing rotor pro�les to achieve maximal �ow with minimal leak-

ages and reduced contact forces. However, in the pursuit of further minimizing shaft

power consumption, a necessary step involves addressing losses within the compres-

sor. Since adiabatic shaft power hinges on gas properties, volume �ow rate, and com-

pression ratio, identi�cation and quanti�cation of power loss-contributing elements

within the compressor assume pivotal importance, o�ering a strategic viewpoint for

potential enhancements.
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Chapter 2

Literature Review

2.1 Introduction

The oil-�ooded screw compressors can attain very high isothermal e�ciency because

of the cooling e�ect of oil circulation. However, mainly because the �ow through

them is not axisymmetric, bearing loads within them, because of higher pressure

forces, are much larger than in turbo-compressors, and these, together with oil drag,

and shaft seal losses, can reduce their overall e�ciency. A better understanding of the

sources of loss and an improved ability to predict them is essential if these relatively

signi�cant losses are to be minimised. A Sankey diagram representing elements of

power in a screw compressor package is shown in Figure 2.1.

Figure 2.1: Sankey diagram of power

As seen from the �gure, only a part of the total input power to the screw compres-

sor package is available for compression. The remaining part is lost in overcoming

prime mover, transmission, bearing, seal, and oil drag losses.
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Currently, although adiabatic power input, e�ciencies and the magnitude of the

bearing loads can be predicted very accurately, there are no established methods to

predict frictional losses. These are usually accounted for, assuming they are some

percentage of the total input power. The components of the electrically driven air

screw compressor plant which contribute to the mechanical losses are the electric

motor, the power transmission drive-like gears and the bare compressor. Within the

bare screw compressor, components that contribute to power loss are rolling element

bearings, seals and drag loss caused by lubricating oil. A cross-section of the bare

screw compressor is shown in Figure 2.2.

Figure 2.2: A cross-section of the bare screw compressor of Kirloskar Pneumatic
Company Limited

Individual literature studies are available that present power loss prediction meth-

ods for electric motors, gears, bearings, seals, and oil drag. A few of the literature

on power loss prediction is presented here. A basic model for calculating power loss

through di�erent types of losses within the induction motor is presented in Hughes

and Drury (2019). Mehltretter (2014), El-Ibiary (2003), Sirov�y et al. (2011) and Bell

et al. (2020) have presented performance prediction and power loss of an induction

motor, the control philosophy to achieve the best e�ciency from the motor and op-

timization of variable speed drives etc. The details of the methods presented in the

literature are discussed in this chapter.

The physical phenomenon happening inside the screw compressor, the basics of

compression in screw compressor and its design is reported in books published by
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Sakun (1960), Rinder (1979), Xing (2000), O'Neill (1993) and Stosic et al. (2005).

Numerical simulation models like SCORPATH (Screw COmpressor Rotor Pro�ling

And THermodynamics) developed by City, University of London researchers is pre-

sented in Stosic (2005) and PDSim, a simulation model for positive displacement ma-

chines, is presented by Ziviani et al. (2020). These models are studied to understand

the loss prediction methods. These simulation frameworks predict thermodynamic

performance by solving governing equations and calculate the mechanical e�ciency

of the compressor at di�erent operating conditions.

A few popular rolling element bearing power loss prediction models like SKF

(2018) and Harris and Kotzalas (2007) are studied, while studies by Tu (2016) and

Gradu (2000) provide the experimental measurement of bearing power loss which can

be used for validation of SKF, Harris and Palmgren bearing power loss prediction

models.

For the calculation of shaft seal power loss, a combination of �nite element ap-

proach and empirical correlation is proposed by Frölich et al. (2014) is studied while

Engelke (2011) presented experimental measurements of frictional torque for di�erent

elastomer material shaft seals.

Limited literature is available for calculating and predicting drag loss arising

from lubricating oil. Deipenwisch and Kauder (1999), Gräÿer and Brümmer (2014),

Gräÿer and Brümmer (2015) and Gräÿer and Brümmer (2016) are a few literature

that presents and analyses the e�ect of lubricant and its properties on the perfor-

mance of screw compressor as well as screw expander.

The details of the literature sources cited above, and a few more are discussed in

detail in the next section to understand the principles on which these models have

been developed.

2.2 Screw Compressor

2.2.1 Twin-rotor Screw Compressor Geometry

As detailed in Section 1.4.1, the twin-rotor screw compressor incorporates a pair of

screw rotors, each featuring helical grooves meticulously machined into them. These
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rotors align in parallel axes and engage with one another through opposing rota-

tions within the compressor housing. This meshing action produces low pressure at

one end of the compressor and high pressure at the opposite end. These pressure

di�erentials impose signi�cant axial and radial forces, necessitating their transmis-

sion to the housing via bearings. Generally, rolling element bearings are favoured

for smaller to medium-sized compressors, whereas journal bearings are tailored for

larger counterparts. In rolling element bearing set-ups, cylindrical or tapered roller

bearings are strategically positioned on both the suction and discharge sides to man-

age radial loads. To address axial loads, ball bearings are predominantly situated on

the discharge side.

The pursuit of nearly isothermal compression, integral for cooling the primary or

operational �uid, introduces a secondary or cooling �uid during compression. This

�uid injection-based classi�cation system di�erentiates screw compressors into two

categories:

� Fluid-injected compressors

� Dry running compressors

In �uid-injected compressors, a secondary �uid is introduced into the rotor cavities

during compression. This injection serves multiple purposes, including sealing the

gaps between the rotors, absorbing compression-generated heat from the gas, lubri-

cating rotor contacts, and preventing corrosion. The secondary �uid, which could

be oil, refrigerant, or water, mixes with the primary �uid during compression and is

subsequently separated downstream using various techniques. The high-temperature

separated secondary �uid is then recirculated within a closed loop, re-entering the

compressor post-cooling and �ltration.

Typically, �uid-injected screw compressors operate within a range of rotor tip

speeds from 25-60 m/s, while single-stage compressor discharge pressures vary from

7 to 13 bar, and up to 25 bar for two-stage compressors. For water-injected screw

compressors, corrosion-preventive coatings are applied to the rotors, and meticulous

sealing is employed between the bearings and the compression chamber to prevent

leaks. Refrigerant-cooled compressors can adopt similar layouts to either oil-injected

or water-injected screw compressors.
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Conversely, dry running compressors avert rotor contact to prevent additional

heating in the absence of cooling �uid. This is achieved through the integration of

timing gears on extended rotor shafts, ensuring precise coordination between the

rotors. The lubricated timing gears and bearings are sealed o� from the compression

chamber. Due to elevated operating temperatures, clearances in dry running com-

pressors are intentionally maintained larger compared to �uid-injected counterparts.

This strategy anticipates contact between rotating parts, which may expand due to

thermal e�ects. To counteract increased leakages arising from larger clearances, these

compressors operate at higher tip speeds, typically surpassing 70 m/s. Multi-stage

compression is used to control discharge temperatures until a pressure range of 7 to

10 bar is reached.

2.2.2 Screw Compressor Mathematical Models

The performance of the screw compressor is governed by the e�ects of thermodynamic

and �uid �ow processes, and the machine geometry. These interactive e�ects need

to be calculated simultaneously to predict performance. A mathematical model of

the thermodynamic and �uid �ow processes within positive displacement machines,

which is valid for both the screw compressor and expander modes of operation, is pre-

sented in Stosic et al. (2005). It includes the use of the equations of conservation of

mass, momentum, and energy. An instantaneous control volume is de�ned to which

these conservation equations are simultaneously solved. While solving these equa-

tions for the trapped �uid control volume, considerations are given to primary and

secondary �uid leakages, heat transfer and the assumption of real �uid properties.

From this calculation, the pressure-volume diagrams may be derived from the entire

admission, discharge and compression or expansion process within the machine.

A screw machine volume is de�ned by the rotor pro�le which is generated by

the use of a general gearing algorithm and the port shape and size. This algorithm

demonstrates the meshing condition which, when solved explicitly, enables a variety

of rotor primary arcs to be de�ned either analytically or by discrete point curves.

Its use greatly simpli�es the design since only primary arcs need to be speci�ed and

these can be located on either the male or female rotor or even on any other rotor
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including a rack, which is a rotor of in�nite radius. The most e�cient pro�les have

been obtained from a combined rotor-rack generation procedure (Stosic et al., 2005).

Sto²ic et al. (1992) in their study has investigated the in�uence of oil injection

upon the screw compressor working process. The in�uence of oil injection tem-

perature, oil injection diameter, mass �ow, and position has been experimentally

recorded. The study concludes that the in�uence of oil injection temperature and its

positioning has a considerable e�ect on speci�c power consumption. However, the

oil-to-gas mass ratio and viscosity have a small in�uence on the performance.

A paper by Hanjalic and Stosic (1997) presents the development of a computer

package which facilitates the general speci�cation of key parameters of rotors. This

is used for the computation of cross-sectional area and volume for the prediction of

thermodynamic performance and design optimisation.

A book published on mathematical modelling and performance calculation by

Stosic et al. (2005) is focused on contemporary methods for the design of screw

compressors. The methods given for rotor pro�ling are based on the mathematical

theory of gearing. The model assumes real properties of �uid that provide more

reliable and realistic predictions which include the computer-simulated compression

and expansion processes by allowing leakages.

Ziviani et al. (2020) presents the methods based on which PDSim, a performance

simulation tool for positive displacement machines, is developed. This open-source

numerical model solves governing equations for calculating volume curves, leakage

�ow, heat transfer and frictional losses of di�erent types of positive displacement

compressors and expanders.

Chukanova (2016) in her PhD thesis, presented a one-dimensional mathemati-

cal model which predicts screw compressor package performance under intermittent

operating conditions and its experimental validation. The unsteady operation of

the plant and its e�ect on components, such as storage tanks, control valves, and

connecting pipes, have been studied. This includes the e�ect of sudden changes in

pressure, speed, and valve area. The model developed is compatible with oil-injected

as well as oil-free screw compressors.
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2.2.3 Bearing Power Loss

There are several mathematical models available to estimate a rolling element bear-

ing's frictional power loss. The most commonly used among them are SKF, Harris,

and Palmgren models. These three models are studied in this section, and predictions

of these methods are compared.

2.2.3.1 SKF model

The SKF model (SKF, 2018) consists of four elements: rolling frictional moment,

sliding frictional moment, the frictional moment from seal/s and frictional moment

from drag losses, churning and splashing.

The rolling frictional moment considers the e�ect of oil shearing at the inlet of the

rolling element, the kinematic replenishment/starvation, bearing type, dimensions

and loads acting on it, and the actual operating viscosity of oil or the base oil of

the grease while calculating the frictional moment. In the case of sliding frictional

moment, it is dependent on bearing type, geometry, the loads and the sliding friction

coe�cient. The drag loss element of SKF's model is a function of bearing speed, oil

viscosity, oil level and bearing size.

2.2.3.2 Harris model

In Harris model (Harris and Kotzalas, 2007), the friction torque is separated into a

component due to applied load and a component due to the viscous properties of the

lubricant. The viscous properties depend upon the lubricant type and the amount

of lubricant employed. The properties of lubricant in the rolling element raceway

contacts contribute signi�cantly to the applied load component of friction torque.

The methods presented by Palmgren and Harris are useful for comparison between

rolling bearings and �uid �lm bearings.

2.2.3.3 Palmgren model

Similar to the Harris model, the Palmgren model (Tu, 2016) divides frictional torque

into two parts, load-independent friction torque, and load-dependent friction torque.

However, Palmgren proposed a more detailed model for load-independent friction
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torque for oils of di�erent densities.

2.2.3.4 Comparison of SKF, Harris and Palmgren model

Di�erent studies have presented di�erent ways for the calculation of bearing friction

loss. A few such ways are the use of one friction coe�cient factor, the use of ex-

isting methods like Palmgren, Harris, and SKF, etc., or correlations developed by

experimental �tting. A comparison between the SKF, Harris, and Palmgren models

with experimental results available in the literature is presented in this section. This

analysis helps for better prediction of bearing frictional loss by selecting an appropri-

ate model for a given operating condition. Firstly, the frictional loss of a cylindrical

roller bearing is studied followed by an angular contact ball bearing. This is done by

comparing model predictions with the experimental measurements presented in the

literature.

Roller bearing

Tu (2016) as a Master of Science study worked on di�erent power loss prediction

models of bearings used in a gearbox. The loads on the gearbox bearing under test

were between 0.6 to 9 kN, speeds up to 3500 rpm, and oil temperatures ranging from

30 to 120oC. The bearing that was studied for the prediction of power loss is NJ 406

which is a cylindrical roller bearing.

One of the objectives of the study was to accurately and repeatedly predict the

NJ 406 bearing power loss which is used in the back-to-back arrangement. The

gearbox setup was modi�ed by assembling a housing, lever, and known weights to

simulate di�erent load conditions on the bearings. Three existing bearing power

loss prediction models, Palmgren, Harris, and SKF, were studied. The experimental

measurements were done for NJ 406 bearing power loss for di�erent rotating speeds,

loads, oil levels, oil types, and oil temperatures. These were then compared with the

predictions from above mentioned three models.

Load-independent losses: The load-independent losses are the losses because of

lubricant and lubricant properties. A comparison between experimental data and

existing model predictions for load-independent friction torque with changing oil
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temperature and speed is presented in Figure 2.3.

Figure 2.3: E�ect of oil temperature on load independent friction torque (Tu, 2016)

The Harris model predictions are higher than SKF and Palmgren models at all

temperature and speed limits as shown in Figure 2.3. The experimental observations

are within the limits of predictions from the Harris model, while SKF and Palmgren

models are less sensitive. The e�ect of oil level and speed on load-independent friction

torque is shown in Figure 2.4.

Figure 2.4: E�ect of oil level on load independent friction torque (Tu, 2016)
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Although the predictions from the Harris models are high, the experimental val-

ues closely match Harris model predictions. However, the e�ect of oil level change

can be noticed only in the SKF model. When di�erent oil types are used, the load-

independent friction torque will change due to changes in oil viscosities. This is

presented in Figure 2.5.

Figure 2.5: E�ect of oil type on load independent friction torque (Tu, 2016)

In line with the e�ect of oil temperature and oil level, the load-independent

friction torque for oil types is well predicted by the Harris model, which is close to

experimental data. Palmgren and SKF models underpredict the friction torque when

compared to experimental data.

Load-dependent losses: Similar to load-independent frictional loss analysis as pre-

sented in the previous section, this section presents an estimation of load-dependent

frictional torque from the Harris, Palmgren, and SKF models along with their com-

parison with experimental results. The experimental data and predictions from the

models for load-dependent friction torque at di�erent oil levels are presented in Fig-
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ure 2.6.

Figure 2.6: E�ect of oil level on load-dependent friction torque (Tu, 2016)

None of the models shows a change in load-dependent friction torque with respect

to changes in oil level. The SKF model overpredicts the friction torque while Harris

and Palmgren models underpredict. However, the experimental data for friction

torque at low bearing speeds match Harris and Palmgren's model predictions.

Similar behaviour for load-dependent friction torque for di�erent oil types is

presented in Figure 2.7. The only change can be seen in the predictions of the

SKF model, where, with the change in oil type and, ultimately, oil viscosity, the

predictions vary. However, the predictions of the SKF model are still on the higher

side compared to the experimental measurements and predictions from Harris and

Palmgren models.
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Figure 2.7: E�ect of oil type on load-dependent friction torque (Tu, 2016)

Although Harris and Palmgren's models underpredict the friction torque for

higher speeds, the predictions at lower bearing speeds can be seen closely match-

ing experimental results.

The load-dependent friction torque should change with varying loads, and the

same has been presented in Figure 2.8. The experimental measurements have been

compared with SKF, Harris, and Palmgren models for di�erent bearing loads and

speeds.
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Figure 2.8: E�ect of di�erent loads on load-dependent friction torque (Tu, 2016)

Though the SKF model predictions follow the experimental data, it slightly over-

predicts. In the case of the Harris and Palmgren models, the predictions change with

varying loads but do not show any change with respect to bearing speeds. Harris and

Palmgren's model predictions are closer to the experimental results at lower bearing

speeds.

Ball bearing

This section presents an analysis of the model predictions of total frictional torque

for ball bearings and a comparison with the experimental results. Gradu (2000)

presented an experimental evaluation of frictional torque for ball bearings used for

transmission shaft.

The bearing used for analysis is 7305, an angular contact ball bearing. Generally,

this type of bearing is used in a twin screw compressor to take the axial load. Two

cases are analysed by Gradu (2000) with di�erent transmission torques. For Case 1,
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where the transfer shaft is transmitting a torque of 100 Nm, the radial load acting

on the �oating bearing is 3500 N, the axial load is 1000 N, and for the �xed bearing,

the radial load is 4250 N, and the axial load is 3500 N. For Case 2, where the torque

transmission is 200 Nm, the �oating bearing experiences a radial load of 7000 N with

an axial load of 2000 N, while the �xed bearing experiences a radial load of 8500 N

and an axial load of 7000 N. Total frictional torque is the summation of individual

frictional torques of �oating and �xed bearings. The oil viscosity considered for

calculation is 38 mm2/s. The experimental observations presented by Gradu (2000)

are shown in Figure 2.9 while the SKF and Harris models predictions for the same

bearing and operating conditions are presented in Figure 2.10.

Figure 2.9: Frictional torque of ball bearing from experimental data at di�erent loads
(Gradu, 2000)

Figure 2.10: Frictional torque of ball bearing from the output of existing models at
di�erent loads
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Upon comparison of ball bearings results at low torque application, 100 Nm, both

SKF and Harris models predictions are closer to the experimental data. At higher

torque, 200 Nm, SKF, and Harris models slightly overpredict the friction torque than

the experimental results.

2.2.3.5 PDSim bearing model

A bearing's frictional loss prediction model developed by researchers at Purdue

University is studied. PDSim is a generalised modelling platform to predict the

performance of positive displacement compressors and expanders. The researchers

proposed the possibility of predicting the mechanical e�ciency of the positive dis-

placement machines. The method considered for predicting the mechanical loss in

PDSim is shown in Figure 2.11.

Figure 2.11: PDSim Bearing frictional loss methods (Bell et al., 2020)

It is presented in the paper by Bell et al. (2020) about the possibility of using the

empirical relationship to correlate mechanical power to gas compression power. The

relationship is given in Liu et al. (2010), which is based on the available experimental

results. The di�erence between the shaft power prediction by the model without any

consideration of the mechanical losses and heat transfer and experimentally measured

shaft power is assumed to be the mechanical loss.

The same paper presents a section on frictional losses of the bearings. The families

of the bearings considered are journal bearings and slider bearings. The schematics

of the journal and slider bearing are shown in Figure 2.12.
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Figure 2.12: Schematics of journal and slider bearings (Bell et al., 2020)

The paper presents di�erent methods of prediction of bearing frictional loss. One

of them is by using Reynold's equation and solving it numerically. The other methods

include approximation methods suggested by Hamrock et al. (2004), Schi�mann

(2014), numerical solutions suggested by Raimondi and Boyd (1958) and analytical

solution by Sommerfeld given in Hamrock et al. (2004).

2.2.4 Radial Shaft Seal Power Loss

The radial shaft seal forms an integral part of the screw compressors, which prevents

oil leakage from the compressors. As the lip of the stationary seal tightly sits on

the rotating shaft, it creates friction and ultimately power loss. A very thin �lm of

lubricant separates the shaft seal ring and the shaft. The temperature at the contact

area between the shaft and the shaft seal rises because of the shear strain and �uid

friction. This contact temperature changes the sti�ness of the seal material which in

turn a�ects the contact pressure, friction, and wear.

To predict this combined behaviour of contact temperature, friction, and wear, a

comprehensive simulation model is developed by Frölich et al. (2014). The authors

have developed a �nite element approach for the simulation of contact pressure at

di�erent wear states. For the calculation of contact temperature, a semi-analytical

approach is developed while an empirical approach is used for the determination of

friction. Experiments were carried out to validate the friction torque predictions

from the model. Frölich et al. (2014) have set up a parametric axisymmetric �nite

element model using the ABAQUS Python scripting interface. Until the required

wear state of the seal is reached, the calculations are iterated with time increments.

Three simulation steps are performed for each time step. In the �rst step, the
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mechanical geometry of the shaft seal and the shaft is updated using ALE Adaptive

Mesh Constraint by moving contact nodes in the direction of the contact normal.

Additional boundary conditions at the outer nodes of the seal ring and inner nodes

of the shaft are updated. The second simulation step is a coupled temperature-

displacement step. The temperature distribution in the seal ring and the shaft is

determined. In the third and last step of the simulation, the assembly of the shaft

and seal are simulated from which the contact pressure distribution is calculated.

These steps are followed for each time step.

The contact temperature which strongly in�uences the elastic properties of the

shaft seal is calculated using an empirical approach which is based on a large number

of experiments. The friction torque is constituted of a non-viscous fraction at zero

speed and a velocity-dependent fraction.

T = T0 + Tη = µ0Fr
d

2
+ η(ν)

b

ΣRp

(
d

2

)3 (2π)2

60
n (2.1)

Here, T is the total friction torque, T0 is the initial friction torque, Tη is the viscous

part of the friction torque, µ0 is the boundary friction coe�cient, Fr is the radial

force, d is the shaft diameter, η is the dynamic �uid �lm viscosity, ν is the contact

temperature, b is the contact width, ΣRp is the sum of the surface roughness Rp of

the shaft and seal lip, and n is the rotational speed of the shaft.

In a PhD study by Engelke (2011), the in�uence of elastomer-lubricant combina-

tions on the operating performance of radial shaft seals is studied. The experiments

were carried out to understand the e�ects of oil viscosity, radial contact force, and

the seal material. Based on the experimental measurements, a calculation model

is developed to predict the shaft seal friction torque which is the sum of friction

moment and viscous component.

The total shaft seal friction torque (Mtotal) can be determined by

Mtotal = M0 +Mη (2.2)

M0 is de�ned as the product of the limit coe�cient of friction (µ0), the radial force
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(Frad) and the test shaft radius (ra).

M0 = µ0 · Frad · ra (2.3)

The speed-dependent friction torque (Mη) can be determined by

Mη = τ ·A · ra =
η(θ) · b · ra · 2 · π

h
· ra ·∆v (2.4)

The radial force acting on the seal lip can be calculated using the following

equation.

Fr = Frmeanπd (2.5)

here, Fr is the radial force [N], Frmean is the mean relative radial force [N/m], d is

the shaft diameter [m]. The experimental measurements for radial forces for di�erent

seal materials are presented in Table 2.1 (Engelke, 2011).

Table 2.1: Relative radial shaft seal force for di�erent materials

Measurement at nominal diameter 60 mm FKM-A FKM-B FKM-X NBR

Relative radial force with spring [N/m] 118.3 75 103.5 145.9

Relative radial force without spring

[N/m]

57.3 50.4 56.8 74.9

The oil dynamic viscosity which is a function of oil temperature can be derived

using the following equation.

η = AeB/(Toil−C) (2.6)

where, A, B and C are constants de�ned respectively for di�erent viscosity grades of

oil (Kneºevi¢ et al., 2006).

The total friction torque can be calculated using Equation 2.1. Out of a few

input variables, the values of shaft diameter, speed, and surface roughness are known

while the relative radial force can be selected from Table 2.1. The seal width can be

determined by the digital microscope while the unknown coe�cient of friction can

be empirically determined. The assumptions on the sealing contact temperature and
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coe�cient of friction can be made based on experimental data.

A stepwise calculation of the shaft seal power loss in a �owchart is presented in

Figure 2.13 (Engelke, 2011).

Figure 2.13: Flow chart of iteration for seal frictional moment calculation

As can be seen from the �owchart, it is an iterative procedure. The values of

friction coe�cient, the radial force on the seal, seal-shaft contact surface width, shaft

diameter, shaft surface roughness, and rotating speed are used as input parameters.

As a good approximation, the value of friction coe�cient can be considered as 0.30

for a wide range of oils and elastomers (Frölich et al., 2014).

With an assumption of contact temperature, ϑ, the initial value of frictional

torque is calculated. For the next time step, this contact temperature is raised by

16 K for 1 W/mm2 sealing contact area. This value is experimentally validated

by Engelke (2011). Upon calculation of the next time step friction torque with an
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updated value of contact temperature and oil viscosity for it, the di�erence between

the two latest friction torque values is calculated. This value is then compared with

the convergence criteria, which can be of the order of 1×10-5.

Engelke (2011) used a seal of 60×75×8 mm size during the testing. Di�erent types

of seal materials; FKM-A, FKM-B, NBR, and FKM-X; from di�erent manufacturers

were used for the testing. Five di�erent types of oil, two polyalphaole�ns (PAO), and

three ployglycols (PG) are used with a viscosity grade of ISO VG 220. A test facility

with a force sensor, a mandrel and a ring holder was developed for the measurement

of radial force.

It is observed that with the increase in temperature, the radial force on the seal

decreases for almost all seal types that were analysed. The FKM material seals ex-

hibit lower radial forces as compared to the NBR material seals. Ployglycol-based oils

generate temperatures and frictional moments slightly higher than polyalphaole�n-

based oils. The base oil composition and the additives have only a slight in�uence

on the temperature and friction torque in the sealing contact, while the viscosity of

the �uid used has a signi�cant in�uence. Due to splashing and heat dissipation from

the sealing contact area, the oil level strongly in�uences the frictional loss of the seal.

The auxiliary or protective lips on the seals tend to increase the seal friction torque.

For the same radial force and seal material, the oil viscosity is the major contributor

to frictional loss. However, the radial force or the contact pressure at the sealing

area also in�uences considerably.

2.2.5 Oil Drag Loss

The introduction of oil injection can have a signi�cant impact on the thermal ef-

�ciency of the compressor. Achieving the highest mass �ow rate and compression

e�ciency requires careful optimization of factors such as oil viscosity, injection posi-

tion, temperature, and uniform distribution within the compression chamber. These

optimal levels are in�uenced by operational conditions like tip speed and pressure

ratio. Nevertheless, excessive oil injection can result in unfavourable frictional and

momentum losses, ultimately leading to an increase in power consumption, as out-

lined by Deipenwisch and Kauder (1999).
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2.2.5.1 Analytical Models

Deipenwisch and Kauder (1999)

Among the initial investigations in this �eld, Deipenwisch and Kauder (1999) con-

ducted a study focusing on power losses attributed to the presence of oil within the

working chamber of a screw compressor. This research paper illuminates two primary

mechanisms accountable for these power losses, namely shear losses and momentum

losses.

ϕ̇AR = ϕ̇B,Oil + ϕ̇R + ϕ̇l (2.7)

where ϕ̇AR is the power loss in the working chamber [W], ϕ̇B,Oil is the power loss

because of the acceleration of oil [W], ϕ̇R is the power loss because of friction or

shear [W] and ϕ̇l is the power loss because of momentum loss [W].

Power losses by acceleration: The dissipation of power occurs due to the

acceleration of oil at the injection port. It is assumed that the oil is accelerated from

zero velocity at the inlet to match the rotor's velocity at the injection point. However,

it's worth noting that the power losses calculated using the following equation tend

to overestimate the actual losses. This is primarily because the kinetic energy of the

oil before injection is not accounted for in the calculation. Additionally, it should be

acknowledged that only a portion of the injected oil will actually reach the rotor's

speed, leading to a reduction in the actual power loss �gure.

ϕ̇B,Oil =
1

2
ρoilV̇oilu

2
MR (2.8)

here, ρoil is oil density in [kg/m3], V̇oil is the volumetric �ow of the oil at injection

point [m3/s] and uMR is the male rotor tip speed [m/s].

Power losses in the clearances caused by hydraulic friction: When esti-

mating power losses within the clearances, the calculation assumes that the clearance

volume is completely occupied by oil. The authors draw a comparison between the

�ow within these clearances and the lubricant �ow found in the clearances of journal

bearings. To formulate the equation, the authors adopt the concept of Couette �ow

for describing the oil �ow through the clearances. As a result, they put forward the

39



following equation to model this phenomenon:

ϕ̇R =
Aspηoilv

2
rel

hsp
+

∆pAspvrel
2

(2.9)

In this context, the variables have speci�c meanings: Asp represents the area of

the clearance that has been exceeded, calculated as the product of the width and

length of the clearance area [m2]. ηoil corresponds to the dynamic viscosity of the oil

[Pa.s], vrel signi�es the relative velocity of the oil �ow [m/s], hsp stands for the height

of the clearance [m], and ∆p denotes the pressure di�erence across the clearances

[Pa]. Notably, it is estimated that the power losses resulting from friction due to

pressure drop account for approximately 10-15% of the total frictional power losses.

Momentum losses caused by the acceleration of the oil in the clear-

ances: The oil �lm that develops on the inner surfaces of the housing and the

rotor experiences periodic acceleration by the rotor's tips and subsequently decel-

erates as the rotor tooth passes. This �ow within the clearance can be likened to

the time-dependent evolution of a hydraulic friction layer between a wall that un-

dergoes sudden motion and another wall that remains stationary. The estimation of

momentum losses in this context can be expressed using the following equation

ϕ̇l =
8

3

Aspηoilv
2
rel

Z2hsp
(2.10)

where Z is the Couette �ow parameter, a quotient of the thickness of the layer

carried by the friction and clearance height.

The experimental validation of this predictive model reveals an average dispar-

ity of approximately 8% across various operational speeds, pressure ratios, and oil

volume �ow rates. It's important to note that the model assumes the �ow within

the clearances to be purely Couette �ow (viscous-driven). However, in practical

scenarios, the �ow within the clearances comprises a combination of both Couette

and Poiseuille �ow (pressure-driven). This, coupled with potential measurement

inaccuracies, could account for the observed variance between the predicted and

experimental outcomes.
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Gräÿer and Brümmer (2014)

In their work, Gräÿer and Brümmer (2014) introduced an analytical model that ad-

dresses the incompressible single-phase �ow of auxiliary or lubricating �uid through

the clearances within screw machines, including expanders and compressors. This

analytical model is rooted in the concept of superposed Couette-Poiseuille �ow, which

encompasses both laminar and turbulent �ow processes. By leveraging this model,

the authors aim to provide insights into the complex �ow dynamics occurring within

the clearances of screw machines, facilitating a deeper understanding of their oper-

ational behaviour.

The analytical framework developed by Gräÿer and Brümmer (2014) encompasses

the study of static, incompressible �uid �ow occurring between parallel walls that

are set in motion. Subsequently, this model is extended to encompass the intricate

geometrical features found within the front and housing clearances of screw ma-

chines. These complex clearances are de�ned by a �nite number of wall elements,

interconnected either in a series or parallel con�guration.

Within this analytical context, the assumption of laminar, two-dimensional �ow

is made. This assumption is supported by the premise that the transverse velocity

component Cy is signi�cantly smaller than the axial velocity Cx. Furthermore, a

constant pressure gradient dp/dx and uniform wall velocity C are postulated at one

side of the clearance.

By applying the principles of di�erential conservation equations for both mass

and momentum, the resulting �ow velocity within this de�ned system can be derived.

This process serves to explain the �ow behaviour under the speci�ed conditions,

o�ering valuable insights into the dynamic interaction between laminar and turbulent

�ow phenomena.

A notable aspect of this modelling approach is the introduction of a sharp tran-

sition from laminar to turbulent �ow. This transition is characterized by critical

Reynolds numbers, which are contingent upon operational parameters and the spe-

ci�c geometrical attributes of the �ow environment.

The comprehensive scope of this modelling e�ort is visually illustrated in Figure

2.14, which outlines the key components and considerations involved in the analysis.
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Through the incorporation of these elements, the analytical model seeks to enhance

understanding of the intricate �ow patterns occurring within the clearances of screw

machines, shedding light on the complex interplay between laminar and turbulent

�ow dynamics.

Figure 2.14: Scopes of modelling

The study involves an examination of �ows with mixed characteristics, where

turbulence dominates in one partial �ow while another partial �ow is treated as

laminar due to the unsuitability of the turbulent model for low partial Reynolds

numbers. The authors acknowledge potential uncertainties in the model, noting

that laminar �ow is typically overshadowed by turbulent �ow in mixed scenarios.

Consequently, they develop a comprehensive model to accurately assess laminar and

turbulent Couette-Poiseuille �ow between parallel walls. This innovative model is

subsequently put to the test through a comparative analysis of analytical results and

numerical simulations.

Furthermore, the investigation delves into the intriguing interplay between power

losses induced by friction on the rotor's surface and their e�ects, particularly within

radial and axial clearances. The study contends that friction might actually drive

the rotor within these clearances, a phenomenon contingent upon the cancellation

of Couette �ow by Poiseuille �ow. Notably, the study reveals that the necessary

pressure di�erentials are notably lower for male rotor housing clearances compared

to male rotor front clearances. While these aspects are explored in detail, the study

refrains from o�ering an analysis of drag arising in the interlobe clearance, leaving

room for potential future exploration and insights.
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Gräÿer and Brümmer (2015)

Expanding upon their analytical model, the authors delve into a comprehensive

evaluation of the dual e�ects resulting from improved sealing of clearances in screw

expanders. While the primary goal of clearance sealing is performance enhancement,

it unavoidably brings about elevated frictional losses. Employing the advanced multi-

chamber model-based simulation tool, KaSim, developed by the Chair of Fluidics,

the study delves into the upper limits of sealing potential using water and oil as

sealants. This computational approach provides an understanding of how sealing

impacts performance and frictional losses within the context of screw expanders.

The internal isentropic e�ciency of the screw expander is de�ned by

ηi,s =
Pi

ṁ(hI − hO,s)
(2.11)

here, hI is the inlet enthalpy while hO,s is the outlet isentropic enthalpy. While

hydraulic isentropic e�ciency is de�ned by

ηhyd,s =
|Pi| − Pc

ṁws
(2.12)

In this context, ηhyd,s represents the hydraulic isentropic e�ciency, Pc denotes

the hydraulic power associated with sealed clearances, and signi�es the speci�c isen-

tropic work. The analysis yields noteworthy insights. At low circumferential speeds,

the internal isentropic e�ciency witnesses improvement with enhanced sealing of the

clearances. Conversely, the ampli�ed sealing brings about additional frictional power

in screw expanders, albeit negligible at low circumferential speeds. When it comes

to dry-running expanders operating at low circumferential speeds, improved seal-

ing results in higher hydraulic e�ciency compared to internal isentropic e�ciency.

However, this pattern shifts at higher circumferential speeds, favouring dry screw ex-

panders. To gain a holistic understanding of the optimal balance between hydraulic

and internal isentropic e�ciencies, the authors propose the development of a com-

prehensive model. This model could encompass various factors, such as the in�uence

of oil surge and cooling of the working �uid.
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Gräÿer and Brümmer (2016)

The paper by Gräÿer and Brümmer (2016) o�ers a theoretical examination of the

correlation between clearance sealing and frictional loss for both liquid-�ooded and

dry screw expanders, speci�cally focusing on radial and axial clearances. The au-

thors delve into the impact of water and oil on the interplay between clearance

sealing, frictional losses, and the overall performance of screw expanders. Through

a comprehensive thermodynamic analysis, the study reveals that the performance of

the screw expander experiences minimal alteration due to variations in liquid water

injection temperature. However, it is worth noting that the modelling of oil ne-

cessitates a consideration of temperature-dependent dynamic viscosity, underscoring

the nuanced nature of the relationship between �uid properties and performance

outcomes.

The investigation's �ndings demonstrate that the thermodynamic performance of

the screw expander is signi�cantly a�ected by the clearances between the interlobe

and housing. Moreover, there exists a moderate impact on the performance from

high-pressure front clearance and blow-hole. On the other hand, the low-pressure

front clearance exerts a minimal in�uence on the performance. A comparison between

water-�ooded and dry operating screw expanders reveals that the former exhibit

superior e�ciency at both low and high circumferential speeds. Conversely, oil-

injected screw expanders prove more advantageous at low circumferential speeds,

while dry screw expanders excel at high circumferential speeds. It is worth noting

that the hydraulic e�ciency of the screw expander is minimally a�ected by water

injection temperature, while it exhibits signi�cant variation based on oil injection

temperature.

The authors assert that certain facets of liquid-injected screw machines have

not been fully addressed in this study. Given the pronounced impact of interlobe

clearance on thermodynamic performance, the authors contend that its inclusion in

the analysis is warranted. Additionally, the study anticipates potential additional

losses in front and housing clearances due to oil surge. Furthermore, the investigation

aims to incorporate multiphase expansion and the heat exchange between gas and

liquid phases as integral components of the study.
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2.2.5.2 Computational Models

Gräÿer and Brümmer (2014)

The authors compared the analytical and computational models using ANSYS CFX.

For model evaluation, water at 25oC was compared with numeric simulation. A 2D

�ow model used a structured mesh (1201x149x2 cells) was generated. Inlet/outlet

static pressure, wall velocities provided boundary conditions. The Model described

turbulence, including mass �ow and wall shear stress. For turbulent Couette �ow,

mass �ows are identical, wall shear stress di�ers by 12%. In turbulent Poiseuille �ow,

mass �ow di�ers by 12%, wall shear stress by 3%. Authors concluded that this is

within the acceptable level of variation.

The authors found signi�cant impact of male rotor housing clearance geometry

on results. Hence, crucial to study liquid distribution in screw machines for insights

into chamber-clearance complexities.

Vasuthevan and Brümmer (2018)

Vasuthevan and Brümmer (2018) presented a Computational Fluid Dynamics (CFD)

simulation model aimed at analysing the multiphase �ow in a screw compressor to

understand the hydraulic loss mechanism. This study focuses on investigating the

in�uence of two key factors: the quantity of injected oil and the rotational speed

of the rotors. To accomplish this, a 2D representation of a rectangular contour was

simulated.

The results of their simulation analysis led the authors to draw several important

conclusions. Firstly, they found that the hydraulic loss experiences an increase with

both the tip speed and the oil injection �ow rate. Additionally, the relationship

between hydraulic loss and the rate of oil �ow is determined to be linearly propor-

tional. In contrast, the hydraulic loss displays a proportionality to the square of the

tip speed.
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2.2.5.3 Experimental Investigation

Basha et al. (2018)

In a study conducted by Basha et al. (2018) , a series of experimental investigations

were undertaken to comprehensively comprehend the impact of oil injection on the

performance of a twin-screw compressor. The compressor under examination was

appropriately sized for a 22 kW power input. Throughout the experimentation pro-

cess, various parameters were meticulously analysed, including the mass �ow rate of

the working �uid, shaft speed, injection position, and the temperature of the injected

oil.

The �ndings of the study reveal a signi�cant insight. Speci�cally, at discharge

pressures of 6.5 and 8.5 bar, a noteworthy trend emerges: the consumption of shaft

power exhibits an augmentation with an increase in the rate of oil injection. This

observation implies that the rise in shaft power consumption could be attributed to

an ampli�cation in drag loss.

He et al. (2018)

In a separate experimental exploration, He et al. (2018) delved into the characteristics

of a 75 kW compressor equipped with a male rotor measuring 178.5 mm. This

investigation aimed to notice the in�uence of oil �ow rate on distinct parameters,

including volumetric e�ciency, adiabatic e�ciency, and speci�c power consumption.

Notably, the results of this study unveil intriguing patterns. While the volumetric

e�ciency exhibits a continuous rise in direct correlation with the oil injection �ow

rate, the speci�c power consumption remains remarkably consistent within the same

range of oil �ow rates. A comprehensive examination of these e�ects relative to the

oil �ow rate highlights a distinct trend: as the oil �ow rate increases, so does the

consumption of shaft power.

It's important to acknowledge that, despite the availability of several computa-

tional studies, a concise analytical model for predicting oil drag loss in screw compres-

sors has yet to be developed. The analytical approach o�ers certain advantages over

numerical methods, including signi�cantly shorter calculation times and a clearer

visualization of the underlying physical principles that govern �ow processes. More-
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over, the current body of literature on drag loss lacks a quanti�ed assessment of drag

loss across various clearance pathways within the compression chamber; typically,

such quanti�cation is approximated.

2.3 Power Transmission Loss

2.3.1 Gear Drive

The basic principles of the design of gears are given in a book on Gears and Gear

drives by Jelaska (2012). The book presented a method to estimate the power loss

in gear drives which is divided into four categories: meshing loss, idle running loss,

seal loss, and bearing loss.

2.3.1.1 Power loss in mesh, under load, for a single gear pair

The power loss in mesh, under load, for a single gear pair for a cylindrical gear drive

is obtained by the following equation.

PZP = µmZPHV (2.13)

where, µmZ is the mean coe�cient of friction in mesh, P is transmitted power [kW],

and HV is the factor of power losses in the mesh. The mean coe�cient of friction in

the mesh is approximately equal to the coe�cient of friction in the pitch point.

µmZ ≈ µc = 0.12× 4

√
wBtRa

ηoilvΣCρcn
(2.14)

where, wBt is the speci�c tooth load in transverse plane [N/m], Ra is the arithmetic

mean roughness of meshed teeth [µm], Ra = (Ra1 + Ra1)/2 , ηoil is the dynamic

viscosity of oil at operating temperature [mPa.s], vΣC is the sum of the peripheral

speeds in the pitch point [m/s] and ρcn is the equivalent radius of meshed pro�les

curvature in the pitch point in the normal plane [mm]. The speci�c load in the

transverse plane wBt is calculated by the following equation

wBt = KAKV KBαKBβKBγ
Ft

b
(2.15)
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where, KA is application factor, KV is internal dynamic factor, KBα is the trans-

verse load factor, KBβ is the face width factor, KBγ is helix angle factor, Ft is

reference circle peripheral force [N] and b is face width [mm]. The value of the

application factor can be taken from the following table.

Table 2.2: Rough values of factor KA application (Jelaska, 2012)

The basic equation for determining dynamic factor is as follows

KV = 1 + fFkv (2.16)

The correction factor, fF required for the dynamic factor calculation, is obtained

from the following table. The table shows correction factor values for di�erent accu-

racy grades by ISO and speci�c loading KAFt/b. Here, Ft is reference circle periph-

eral force [N] and b is gear width [mm].
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Table 2.3: Correction factor (Jelaska, 2012)

The value of vibration factor kv is dependent on gear ratio (u), peripheral speed

(v) [m/s] and number of teeth z1. Its value can be obtained for di�erent gear qualities

from the following �gure.

Figure 2.15: Vibration factor (Jelaska, 2012)

The sum of peripheral speeds in the pitch point is equal to

vΣc = 2ν tanαw cosαt (2.17)
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The equivalent radius of meshed pro�les curvature at pitch point C in the normal

plane

ρcn = a
u

(u+ 1)2
sinαw

cosβb
(2.18)

The dynamic viscosity of the oil at operating temperature is determined by the

equation:

ηoil = 0.1282η
174

ϑoil+95
−0.198 298

eϑoil+95

50 (2.19)

where η50 is the dynamic viscosity of oil at operating temperature of 50oC and ϑoil

is the operating temperature of oil [oC]. The following equation determines the factor

of power loss in the mesh

HV = π

(
1

z1
+

1

z2

)
1

cosβb

(
1 + ϵ21 + ϵ22 − ϵα

)
(2.20)

2.3.1.2 Power loss in idle motion

Bath lubrication

When gears rotate in idle motion, they still contribute to power loss even if they are

transmitting minimal torque. The hydraulic moment of power loss when gears are

bath lubricated,

TH = CSpC1e
C2

(
v

vt0

)
(2.21)

here, v is the reference circle peripheral speed of dived gear [m/s], vt0 is a constant

with value 10 m/s. The factors CSp, C1 and C2 indicate the e�ect of oil spraying,

gear width and depth of diving in the oil bath, respectively, on the idle motion power

loss. If the gears engage with each other from the oil bath side, the value of factor

CSp is set to `1'. If the gears are disengaging on the oil bath side, then CSp is

calculated using the following formula

CSp =

(
4emax

3hc

)1.5 2hc
lh

(2.22)
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where, emax is the maximum of two values e1 and e2 of the diving depth of mated

gears, hc is the height of the pitch point over the deepest dive point, and lh is the

hydraulic length of the gear drive housing.

lh =
4AK

O
(2.23)

where AK is the inside surface of the gear drive housing near the wheel gear and O

is the perimeter of that surface. The hydraulic length of the housing is commonly in

the range lh = (500 . . . 1000 . . . 1300) mm, or lh = (1.0 to 2.0)da2. Factors C1

and C2 are determined by the following equations

C1 = 0.063

(
e1 + e2

e0

)
+ 0.0128

(
b

b0

)3

(2.24)

C2 =
e1 + e2
80e0

+ 0.2 (2.25)

where, e1 and e2 are depths of diving of the pinion and wheel and e2=b0=10 mm.

Total power loss in idle motion is

PZ0 =
k∑

i=1

THi
πni

30
(2.26)

where, k is the total number of gear pairs in a drive.

Spray lubrication

The hydraulic moment of power loss for spray lubrication for starting side of the gear

mesh

TH = 1.67×10−6ρoilQed (v − vs)+32×10−9ρoild
1.5
w ν0.065oil m0.18

n b0.15v1.5
(

Qe

Qe0

)0.1

+0.1

(2.27)

Similarly, for the end side of the gear mesh, the hydraulic moment of power loss

is

TH = 8.33× 10−6ρoilQedw (v + vs) (2.28)
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here, νoil is the kinematic viscosity of oil [mm2/s], ρoil is the lubricant density

[kg/dm3], Qe is the quantity of lubricant sprayed [dm3/min], Qe0=2 dm3/min, v

is the reference circle peripheral speed [m/s], dw is the pitch diameter of dived gear

[mm], and vs is the speed of sprayed lubricant [m/s].

The total power loss in the mesh is equal to the sum of power loss in the mesh

under load and power loss in idle motion.

PZ = PZP + PZ0 (2.29)

The results and parametric analysis of this method proposed by Jelaska (2012) are

presented in the next chapter.

2.3.2 Belt Drive

Bertini et al. (2014) presented a closed-form analytical model for the power loss in

rubber V-belt. The frictional losses are grouped into three contributions: frictional

sliding, belt hysteresis, and belt engagement/disengagement. The results of the

model are validated with experimental measurements.

A test apparatus to investigate the heat generated in V-belts is presented by Kátai

and Szabó (2015). Based on the measurements, a calculation method is proposed to

estimate the damping coe�cient, temperature rise-pulley diameter, and temperature

rise-pulley frequency relationship.

2.4 Electric Motors and Frequency Converter Losses

A book by Hughes and Drury (2019) provides the basics of electric motors, power

electronics, types of electric motors, and variable frequency operation. El-Ibiary

(2003) has proposed a method to predict electric motor e�ciency. The author claims

an accuracy level of 99% by validating predicted results with the test results. The

study can calculate the motor output power by using proposed equations and refer-

ring to IEEE Standard. The method includes the measurement of input values of

voltage, current, power, stator resistance, and motor shaft speed.

The literature states that the motor's e�ciency (E) and power factor increase
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with the increase in percentage full rated load. This implies that the motor should

be run at full rated load instead of at its part load. Also, the motor's power factor

improves with the increase in motor speed, which in turn helps to increase the motor

e�ciency. This phenomenon is explained by the relative magnitudes of input voltage

(V ) and the motor's e�ciency (E). As the input voltage increases, that means the

speed of the motor increases, but the magnitudes of current and resistance remain

the same, which keeps resistance loss (I2R) the same and hence the e�ciency of

the motor increases. The inherent variable losses of the motor, like stator and rotor

(I2R) losses, stray load loss, friction, and windage losses can be reduced by reducing

the line current of the motor. These losses are proportional to the product of the

square of the line's current and resistance.

Mehltretter (2014) demonstrated that the compressor systems, which are ap-

propriately sized based on demand pro�le and operating with a master controller,

provide the most e�cient operation. Multiple compressor systems should be used

with master controllers and variable speed controllers to achieve the best possible

e�ciency from the plant.

Sophisticated software for designing and optimising variable speed drives is pro-

posed by Sirov�y et al. (2011). The software is developed for high-power pumps to

assist designers in developing pump characteristics to operate optimally. The au-

thors expressed that due to several converter topologies and di�erent power devices,

it is impossible to propose a general mathematical model of the converter provid-

ing high-accuracy results. So it is suggested to obtain the manufacturer's required

information on frequency converter e�ciency.

Bell et al. (2020) presented that PDSim uses three di�erent models for the per-

formance prediction of single-phase induction motors. The �rst model is where the

motor's e�ciency is considered constant. In the second model the motor's e�ciency

is calculated as a function of torque and slip velocity while in the third model, it is

calculated as a semi-deterministic model that includes heat and friction losses.

The Sankey diagram of the power �ow of a single-phase induction motor is shown

in Figure 2.16. Total power loss through the motor is the sum of power loss through

the stator, rotor, core, windings, and stray losses.
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Figure 2.16: Power �ow of single-phase induction motor (Bell et al., 2020)

The PDSim model accepts the parameters like motor torque, e�ciency, and speed

as input from the users and plots them to generate a performance map. These

parameters are interpolated within the program to predict motor performance.

2.5 Summary

In the face of ever-increasing demand, designing energy-e�cient machinery poses a

substantial challenge for engineers. The initial imperative towards achieving this

objective involves identifying the components through which power loss occurs and

subsequently quantifying these losses.

Existing mathematical models within the literature aimed at predicting the per-

formance of screw compressors have been meticulously examined. However, the

methodologies for calculating power losses in these models have often relied on ap-

proximations or empirical correlations. This approach tends to overlook the individ-

ual contributions of speci�c components to the overall power loss. If the distinct roles

of these components in power loss, coupled with their behaviour under diverse opera-

tional conditions, are comprehended, the design process can be strategically tailored

to mitigate these losses. Armed with this knowledge during the design phase, the

need for prototype development and the associated time and cost of testing validation

can be substantially curtailed.

Moreover, the current literature predominantly centres on the analysis of individ-

ual screw compressors, leaving a notable research gap concerning the comprehensive

examination of screw compressor systems as integrated packages. This broader per-

spective should encompass aspects like the drive motor, gearbox, bearings, and other
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pertinent components. The development of a method that accounts for the impact of

these elements on the holistic system performance and their parametric interactions

is imperative.

For the purpose of these studies, a 55 kW, oil-injected, twin-screw air compressor

unit manufactured by Kirloskar Pneumatic Company Limited, India, and powered

by an electric motor has been selected as the subject of investigation. A visual

representation of this compressor unit is provided in Figure 2.17.

Figure 2.17: A 55 kW, air screw compressor unit of Kirloskar Pneumatic Company
Limited
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Chapter 3

Research Aims

In addition to the meticulous individual design of the components comprising the

packaged screw compressor, achieving optimal integration of these parts and pre-

dicting performance at the system level across diverse operating conditions is of

paramount importance. Within the context of an electrically driven screw compres-

sor system, the elements that contribute to power loss have been identi�ed through

an extensive literature review. Researchers have made noteworthy strides in predict-

ing power loss arising from speci�c components. However, there exists a noticeable

gap in terms of a uni�ed methodology capable of predicting the cumulative power

loss across the entire system.

To address this gap, it becomes imperative to develop an integrated approach that

encapsulates the intricate interactions and cumulative impact of various components

on the overall power loss within the system. Such an approach would signi�cantly

advance the comprehension of system-level behaviour and subsequently empower

designers to make informed decisions, fostering the creation of more energy-e�cient

and optimally performing screw compressor systems.

The overall performance of a packaged screw compressor system depends upon

the following parameters:

� Rotor pro�le and con�guration

� Housing and port design

� Part load control system
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� Lubrication system

� Type of drive

� Range of operating conditions

� Maintenance requirements

3.1 Aim of Research

This study aims to develop a method to predict the mechanical loss of the individual

elements of the compressor. Upon identi�cation and quanti�cation of the mechanical

loss, overall system performance can be predicted for wide operating conditions.

3.2 Methods Used

The research aims can be achieved by the following methods mentioned below

� Carry out a literature survey of all known publications related to screw com-

pressor design and operation.

� Identify and quantify the mechanical loss of individual elements of the screw

compressor.

� Investigate available methods and/or develop new methods that will accurately

predict the mechanical loss of the compressor.

� Prediction of total mechanical loss and investigate how various features of the

compressor system in�uence the system performance.

� Validate predictions by using results of experimental investigation of the se-

lected compressor con�guration.

3.3 Expected Contribution

The study presented in this thesis is expected to be an extension of the available

software tools for the performance prediction of screw compressors. The major con-

tribution can be realised in the following ways.
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� Identifying and quantifying di�erent power loss contributing elements within

the screw compressor.

� Development of a power loss prediction model for di�erent sizes of oil-�ooded

screw compressors and di�erent operating conditions.

� Improvement in power loss prediction of the available performance prediction

programs can be achieved using developed correlations.

� The e�ect of di�erent geometries of components like rotors, bearings, and seals

on the power loss can be analysed independently, which is not possible with

the available performance prediction programs.

� With the accurate prediction of power loss at the design level, e�ective util-

isation of time and �nances can be realised during the development of the

prototype, testing, and validation.

Therefore, it can be interpreted that the developed methods can be readily adopted

in performance prediction programs.
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Chapter 4

Development of Power Loss Model

4.1 Introduction

This chapter is dedicated to outlining the methods that have been either adopted or

developed to estimate the mechanical losses associated with each individual element

of the compressor. A thorough investigation has been conducted into various methods

existing within the literature for the prediction of power losses in gears, bearings,

and shaft seals. These methods have been meticulously assessed for their suitability

within the operational range of the compressor. The outcomes of these methods

have been systematically compared against available experimental measurements to

validate their e�cacy.

The central emphasis of this chapter revolves around presenting power loss esti-

mation models speci�cally addressing key elements like bearings and the drag loss

attributed to oil. Through a comprehensive exploration of these elements, this chap-

ter contributes to the broader understanding of mechanical losses within the context

of the studied compressor system.

For the prediction of power loss in electric motors and frequency converters,

Sirov�y et al. (2011) has noted that due to the several converter topologies and diverse

power devices in use, proposing a universal method is deemed unfeasible. The com-

plexity coming from these variations necessitates a case-speci�c approach tailored

to the speci�c characteristics and con�gurations of electric motors and frequency

converters.
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4.2 Bearing Power Loss

The number of compressors which are designed for the range of input power from

15 to 160 kW, under the research collaboration (section 1.6) have only rolling el-

ement bearings. The most frequently used methods for estimating power loss in

rolling element bearings are SKF, Harris and Palmgren. The governing equations for

predicting power loss in rolling element bearings are based on empirical correlations.

4.2.1 SKF model

This model is developed by SKF which considers tribological phenomena that occur

in the lubricating �lm between the rolling elements, raceways and cages. The model

is derived from computational models developed by SKF. The bearing frictional

power loss can be calculated using the following equation

Ploss = 1.05× 10−4Mn (4.1)

where, Ploss is the bearing frictional power loss [W],M is the total frictional moment

[Nmm] and n is the rotational speed [rpm].

The total frictional moment in a rolling bearing consists of four elements: the

rolling frictional moment, the sliding frictional moment, the frictional moment from

seal/s and the frictional moment from drag losses, churning and splashing. It is

de�ned as follows

M = Mrr +Msl +Mseal +Mdrag (4.2)

where Mrr is the rolling frictional moment [Nmm] which signi�es high-speed starva-

tion of bearing and inlet shear heating of the lubricating oil, Msl is sliding frictional

moment [Nmm] which signi�es the e�ect of the quality of lubrication on the bearing,

Mseal is the frictional moment of seals [Nmm] where seals do not allow the pre-�lled

grease of the bearing to leak out, Mdrag is the frictional moment of drag losses,

churning, splashing of lubricant etc. [Nmm].
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4.2.1.1 Rolling frictional moment

The rolling frictional moment is calculated using the following equation

Mrr = ϕishϕrsGrr (νn)
0.6 (4.3)

where, ϕish is inlet shear heating reduction factor, ϕrs is kinematic replenishment/s-

tarvation reduction factor, Grr is variable which depends on bearing type, dimension

and loads acting on it, ν is the actual operating viscosity of oil or the base oil of the

grease [mm2/s].

The inlet shear heating reduction factor represents the frictional loss because of

the shearing in the lubricant as shown in Figure 4.1. This shearing e�ect is caused

by the heating, which lowers the lubricant viscosity and reduces the �lm thickness.

Figure 4.1: Shearing of lubricant (SKF, 2018)

It can be de�ned as follows

ϕish =
1

1 + 1.84× 10−9 (ndm)1.28 ν0.64
(4.4)

where dm is the bearing mean diameter, an arithmetic mean of bearing bore diameter

and bearing outer diameter [mm]. The kinematic replenishment/starvation reduction

factor de�nes the replenishment/starvation of the bearing raceways. The lubricant

may not get replenished in bearing raceways because of the lubricant viscosity or high

speeds, which will lead to starvation and ultimately rise in temperatures because of
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reduced lubricant �lm thickness. It is estimated using the following equation

ϕrs =
1

e
Krsνn(d+D)

√
KZ

2(D−d)

(4.5)

where Krs is the replenishment/starvation constant and KZ is the geometric con-

stant based on bearing type.

Krs = 3× 10−8 for low-level oil bath and oil jet lubrication

Krs = 6× 10−8 for grease lubrication.

The value of KZ can be taken from the following table.

Table 4.1: Geometric constants KZ and KL (SKF, 2018)
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4.2.1.2 Sliding frictional moment

The sliding frictional moment can be estimated using the following equation

Msl = Gslµsl (4.6)

where, Gsl is a variable given in Table 4.2 which depends on bearing type, geometry

and loads while µsl is the sliding friction coe�cient. The sliding friction coe�cient

can be calculated as

µsl = ϕblµbl + (1− ϕbl)µEHL (4.7)

where ϕbl is the weighting factor for the sliding friction coe�cient de�ned in the

following equation

ϕbl =
1

e2.6×10−8(nν)1.4dm
(4.8)

µbl is the coe�cient depending on the additive package in the lubricant. Generally,

it is taken as 0.15. µEHL is the sliding friction coe�cient in full-�lm conditions. Its

value for cylindrical roller bearing is 0.02, while for tapered roller bearing, it is 0.002.
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Table 4.2: Geometric constants Grr and Gsl (SKF, 2018)

The values of geometric constants R and S for respective bearings are given in

the SKF (2018).

4.2.1.3 Drag loss

The drag loss caused by the rotation of bearings inside an oil bath can in�uence the

total frictional moment. The drag loss does not get in�uenced only by bearing speed,

oil viscosity and oil level but also by the size and shape of the reservoir. The drag
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loss in oil bath lubrication for ball bearings can be calculated as follows

Mdrag = 0.4VMKballd
5
mn2 + 1.093× 10−7n2d3m

(
nd2mft

ν

)−1.379

Rs (4.9)

For roller bearing, the same can be estimated as follows

Mdrag = 4VMKrollCwBd4mn2 + 1.093× 10−7n2d3m

(
nd2mft

ν

)−1.379

Rs (4.10)

The constants for the ball and roller bearings are de�ned below

Kball =
irwKZ(d+D)

D − d
10−12 (4.11)

Kroll =
KLKZ(d+D)

D − d
10−12 (4.12)

The value of the drag loss factor can be obtained from Figure 4.2.

Figure 4.2: Drag loss factor (SKF, 2018)

where, B is the bearing width [mm], irw is the number of ball rows. The mea-

surement of oil level H inside the bearing is shown in Figure 4.3. It is measured from

the lowest contact point between the outer ring raceway and the rolling element.
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Figure 4.3: Bearing oil level (SKF, 2018)

The variable and functions are de�ned as follows

Cw = 2.789× 10−10l3D − 2.786× 10−4l2D + 0.0195lD + 0.6439 (4.13)

lD = 5
KLB

dm
(4.14)

f(t) =

 sin(0.5t) for 0 ≤ t ≤ π

1 for π ≤ t ≤ 2π
(4.15)

Rs = 0.36d2m(t− sin t)fA (4.16)

t = 2 cos−1

(
0.6dm −H

0.6dm

)
whenH > 1.2dm, use H = 1.2dm (4.17)

fA = 0.05
KZ(D + d)

D − d
(4.18)

4.2.2 Harris model

This model is developed by Harris and Kotzalas (2007) and presents an empirical

model developed after extensive laboratory testing of di�erent sizes of the bearings

and the load acting on them. During the laboratory testing, the loads varied from

light to heavy, while the shaft speed varied from slow to moderate. Various lubri-

cants and lubrication methods were used during the tests to understand the e�ect

of lubricant thermo-physical properties. The authors categorised total frictional mo-

ment into three components; one due to applied load, one due to viscous lubricant

friction and another due to roller-end ring �ange sliding friction.
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4.2.2.1 Torque due to applied load

The torque due to the applied load is de�ned using the following equation

Ml = f1Fβdm (4.19)

where f1 is a factor depending on the bearing design and relative bearing load, Fβ

is a factor which depends on the magnitude and direction of the applied load and

dm is the arithmetic mean of bearing inner and outer diameters [mm]. The value of

f1 for the ball bearing is calculated using the following equation

f1 = Z

(
Fs

Cs

)y

(4.20)

where Fs is the static equivalent load [N] and Cs is the basic static load rating [N].

The following table gives appropriate values of Z and y.

Table 4.3: Values of Z and y (Harris and Kotzalas, 2007)

Ball bearing type Nominal contact angle [o] Z y

Radial deep groove 0 0.0004-0.0006 0.55

Angular contact 30-40 0.001 0.33

Thrust 90 0.0008 0.33

Double row, self-aligning 10 0.0003 0.40

In the case of roller bearing, the values of f1 can be obtained from Table 4.4.

Table 4.4: f1 for cylindrical roller bearings (Harris and Kotzalas, 2007)

Roller bearing type f1

Radial cylindrical with cage 0.0002-0.0004

Radial cylindrical, full complement 0.00055

Thrust cylindrical 0.0015

The value of Fβ depends on the magnitude and direction of the applied load. It
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may be expressed in equation form as follows.

Fβ =



max(0.9Fa cotα− 0.1Fr, Fr) for ball bearings

3Fa − 0.1Fr for deep groove ball bearings

Fa for thrust bearings

max(0.8Fa cotα, Fr) for cylindrical roller bearings

(4.21)

4.2.2.2 Torque due to viscous lubricant friction

For the lubricated bearings, when lubricant occupies the free space between rolling

elements and raceways, it creates resistance to the motion generating a frictional

loss. This resistance is a function of the type of lubricant and its thermo-physical

properties, lubricant level, speed and temperature of operation.

Mv =

 10−7fo(νon)
2/3d3m if νon ≥ 2000

160× 10−7fod
3
m if νon < 2000

(4.22)

fo is a factor depending on the type of bearing, and method of lubrication, while νo

is the kinematic viscosity of lubricant [cSt]. The fo for ball bearings can be obtained

from Table 4.5 while for roller bearings, it can be obtained from Table 4.6.

Table 4.5: Values of fo for ball bearing type and lubrication (Harris and Kotzalas,
2007)

Ball bearing type Grease Oil mist Oil bath Oil bath (vertical

shaft) or oil jet

Deep-groove ball 0.7-2 1 2 4

Self-aligning ball 1.5-2 0.7-1 1.5-2 3-4

Thrust ball 2 1.7 3.3 6.6
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Table 4.6: Values of fo for cylindrical roller bearing type and lubrication (Harris and
Kotzalas, 2007)

Bearing type Grease Oil mist Oil bath Oil bath (vertical

shaft) or oil jet

Cylindrical roller

with cage

0.6-1 1.5-2.8 2.2-4 2.2-4

Cylindrical roller full

complement

5-10 - 5-10 -

Thrust cylindrical

roller

9 - 3.5 8

4.2.2.3 Torque due to roller end-roller �ange sliding friction

A few designs of cylindrical roller bearings have �anges either on the inner ring or

on the outer ring. When these bearings are subjected to axial load in addition to

radial load, they carry thrust load and frictional torque between roller end-ring �ange

sliding as given below

Mf = ffFadm (4.23)

The value of ff depends on the type of cylindrical roller bearing, lubricant and

lubrication method and can be obtained from Table 4.7.

Table 4.7: Values of ff for cylindrical roller bearings (Harris and Kotzalas, 2007)

Bearing type Grease lubrication Oil lubrication

With cage, optimum design 0.003 0.002

With cage, other designs 0.009 0.006

Full complement, single-row 0.006 0.003

Full complement, double-row 0.015 0.009

71



Total friction torque

An estimate of total friction torque is given as the sum of all frictional moments,

which can be expressed as follows

M =

 Ml +Mv for ball bearings

Ml +Mv +Mf for roller bearings
(4.24)

4.2.3 Palmgren model

The model proposed by Palmgren is based on an empirical approach which is de-

veloped after laboratory testing of di�erent bearing types and sizes. Similar to the

Harris model, the Palmgren model categorizes frictional torque into two parts, load-

independent friction torque and load-dependent friction torque.

The load-independent friction torque Mo, when lubricated by oil, is shown in the

following equation

Mo =

 1.5572× 10−6fopd
3
m if ηω

p < 2× 10−6

9.81× 10−3fopd
3
m

(
ηω
p

)2/3
if ηω

p ≥ 2× 10−6
(4.25)

When using grease lubrication, the load-independent friction torque can be calcu-

lated by

Mo = 9.81× 10−11fo(νη)
2/3d3m if νη ≥ 2000 (4.26)

While the load-dependent friction torque is given as follows

Ml = 0.0098f1g1P0dm (4.27)

g1P0 = 0.8Fa cotα ≥ Fr (4.28)

The total friction torque is a sum of load-independent and load-dependent friction
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torques as de�ned above and is given as

M = Mo +Ml (4.29)

4.2.4 Comparison of predictions from SKF, Harris and Palmgren

model

The section 2.2.3.4 presented power loss predictions of SKF, Harris and Palmgren

models and their comparison with experimental results for roller as well ball bearings.

Overall, analysing the results and comparison indicates, that for load-independent

and load-dependent friction torque, the Harris model predictions �t well the exper-

imental data for load-independent friction torque. However, none of the models,

SKF, Harris, and Palmgren, best �t the load-dependent friction torque predictions

except for low speeds, where Harris and Palmgren models' predictions are closer to

the experimental data.

Three sizes of oil-injected, twin-screw compressors which are designed for 15-30

kW (size 1), 37-55 kW (size 2) and 75-160 kW (size 3) with �N� rotor pro�le, 4/5

lobe combination and L/D=1.55 are considered for the analysis. The male rotor

diameters of size 1, size 2 and size 3 are 98 mm, 141 mm and 231 mm respectively.

The comparison of bearing power loss for a pressure ratio of 8.5 for the bearings used

in these compressors is presented in Table 4.8, 4.9 and 4.10. The bearing loads are

obtained from SCORPATH (Stosic, 2005).
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Table 4.8: Size 1: Bearing power loss predictions at 3,500 rpm

Location Bearing SKF Harris Palmgren

Male-Radial-Suction NU 205 ECP 11 86 11

Female-Radial-Suction NU 203 ECP 4 20 4

Male-Radial-Discharge NU 205 ECP 13 88 13

Female-Radial-Discharge NU 205 ECP 10 31 9

Male-Axial-Discharge 7305 BEP 30 779 18

Female-Axial-Discharge 7205 BEP 17 232 9

Total power loss [W] 86 1236 64

Table 4.9: Size 2: Bearing power loss predictions at 3,000 rpm

Location Bearing SKF Harris Palmgren

Male-Radial-Suction NU 307 ECP 29 219 28

Female-Radial-Suction NU 2304 ECP 10 46 7

Male-Radial-Discharge NU 2207 ECP 37 207 28

Female-Radial-Discharge NU 2207 ECP 28 78 21

Male-Axial-Discharge 7407 BEP 78 1876 50

Female-Axial-Discharge 7207 BEP 42 525 21

Total power loss [W] 223 2950 156
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Table 4.10: Size 3: Bearing power loss predictions at 3,000 rpm

Location Bearing SKF Harris Palmgren

Male-Radial-Suction NU 213 ECP 125 1006 117

Female-Radial-Suction NU 1009 ECP 32 203 31

Male-Radial-Discharge NU 211 ECP 99 846 96

Female-Radial-Discharge NU 211 ECP 74 298 75

Male-Axial-Discharge 7311 BECBP 321 8317 132

Female-Axial-Discharge 7211 BEP 184 2243 75

Total power loss [W] 835 12912 527

From the above comparison and experimental results presented in the literature,

it is understood that the SKF and Palmgren models underestimate the bearing power

loss. So it can be concluded that within the acceptable range from the experimental

results, the Harris model can be used for roller and ball bearing friction torque

predictions.

4.3 Oil Drag Loss

Oil injection into a compressor serves three primary purposes: cooling the com-

pressed gas, sealing clearances, and providing lubrication to the rotors and bearings.

The introduction of oil yields notable isothermal e�ciency due to the cooling e�ect

it imparts. However, the bene�ts of cooling are counteracted by frictional losses

attributed to bearings, shaft seals, and oil drag, all of which collectively contribute

to a considerable reduction in the overall adiabatic e�ciency.

Within the context of a twin-screw compressor, three distinct clearances play

a pivotal role in the shearing of oil: radial clearance, interlobe clearance, and axial

clearance. The radial clearance materializes between the outer diameter of the rotors

and the housing bore diameter within which the rotors rotate. In contrast, the

interlobe clearance emerges between the lobes of two inter-meshing rotors. At the

high-pressure discharge end of the compressor, the axial clearance is maintained
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between the side end faces of the rotor and the housing. A visual representation of

these diverse clearances, all of which contribute to oil shearing within the twin-screw

compressor, is depicted in Figure 4.4.

Figure 4.4: Di�erent clearances within the screw compressor

In the context of these clearances, the interaction of oil takes place, resulting

in shear forces between the distinct gaps as described earlier. This phenomenon of

shearing leads to drag, a signi�cant contributor to power loss. Hence, quantifying

this drag becomes imperative to achieve a more precise performance projection. This

section outlines an analytical model formulated to predict the drag loss attributed

to the presence of oil.

The optimization of clearances is pivotal to achieve heightened e�ciency. Never-

theless, the extent of tightening is constrained by the machining tolerances and the

necessity for facile assembly. Within these clearances, the �ow of oil experiences drag

forces, arising from both inertia and pressure-induced �ow e�ects. The inertia force,

engendered by the rotational motion of the rotors, is transferred to the adjacent

layers of �uid. Concurrently, the progression of the rotors generates a di�erential

pressure force, exerted on the �uid residing within the clearances. It's worth noting

that this pressure-induced force acts in opposition to the direction of the inertial

force.
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During the exploration of di�erential analysis in �uid dynamics, the �ow domain

within the clearances of screw compressors can be likened to a combined Couette

and Poiseuille �ow phenomena (Cengel and Cimbala, 2013). Consequently, a com-

posite Couette-Poiseuille model has been adopted for the purpose of modelling the

oil �ow within these clearances. The velocity pro�les, illustrating the characteristics

of Couette �ow that symbolize inertial forces and Poiseuille �ow that incorporate

pressure-induced �ow, are depicted as the initial two curves in Figure 4.5.

Figure 4.5: Couette-Poiseuille velocity pro�le

At an ordinate value of zero on the abscissa, a stationary boundary is repre-

sentative of either the housing or the relative position of the rotor. Conversely, at

an ordinate value of h, the abscissa corresponds to a boundary associated with the

motion of the rotor. The culmination of these characteristics gives rise to a compos-

ite velocity pro�le for the combined �ow, which is depicted by the rightmost curve

denoted as u(y).

The analytical method presents several advantages in contrast to numerical tech-

niques, notably encompassing signi�cantly reduced computation times and a clearer

visualisation of the underlying physical principles that govern �ow processes. Fur-

thermore, the existing literature landscape concerning drag loss inadequately ad-

dresses the quanti�ed evaluation of drag loss traversing diverse clearance pathways

within the compression chamber. This evaluation is typically rendered as an approx-

imation. Additionally, employing minimal geometric and operational inputs speci�c

to the compressor, an insightful comprehension of the impact of drag loss can be

foreseen via a simpli�ed analytical approach.

Considering the quanti�able in�uence of drag loss upon the comprehensive per-
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formance of a screw compressor, an approximative analytical model addressing drag

loss emerges as a valuable method for broader-level investigation. This analytical

framework, in conjunction with parametric analysis outcomes, equips designers with

�rst-hand insights, thereby facilitating the meticulous optimization of compressor

designs.

The Navier-Stokes equations can be precisely solved through analytical tech-

niques, under the condition of several key assumptions. The analytical model is

formulated based on the following underlying assumptions:

� The planar representation of Couette-Poiseuille �ow is considered.

� The �ow is steady with the radial clearance gaps completely �lled with oil.

� The �uid is incompressible and Newtonian with constant properties.

� Absence of �ow in the y and z directions.

The rationale behind adopting the assumption of a planar representation for ra-

dial �ow is rooted in the signi�cant di�erence in scale between the curvature radius

of the housing and the maintained clearances. Speci�cally, the housing's curvature

radius is orders of magnitude larger than the clearances. Additionally, due to the

comparatively elevated viscosity of the oil and the characteristic dimensions (clear-

ances) on the micrometer scale, the �ow within the clearance gaps invariably remains

laminar. As a result, this analytical model is most applicable to �uids with high vis-

cosity, such as oil, while being limited in its use for other types of �uids.

In the process of modelling drag loss, the initiation of the e�ective shearing length

for oil is taken into account starting from the injection point. This, coupled with the

complete �lling of the clearance gaps, provides a rationale for assuming the absence

of interaction between the leakage �ows of air and oil in the clearance gaps. Notably,

due to the higher density of oil compared to air, the centrifugal force exerted on the

oil by the rotating rotors is more pronounced. An illustrative numerical investigation

conducted by Basha et al. (2018) provides insight into this phenomenon. The study

presents a depiction of the oil volume fraction on a cross-sectional plane within the

twin-screw compressor upon injection. The �ndings a�rm that the clearance gaps
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between the rotor tip and the inner diameter of the housing are entirely occupied by

oil, as illustrated in Figure 4.6.

Figure 4.6: Oil volume fraction on a cross-sectional plane in the twin-screw compres-
sor at injection (Basha et al., 2018)

A crucial assumption supporting the analysis is the complete �lling of the radial

clearance gap with oil. However, a departure from this assumption is modelled on

the discharge axial side, where the clearance gap is de�ned as a function of the

oil-to-gas mass ratio. This distinctive approach allows in capturing the real-world

behaviour, wherein adjustments in oil �ow rate introduce considerable variations in

the compressor's performance, speci�cally in terms of drag losses.

By factoring in the oil-to-gas mass ratio and its in�uence on the clearance gap on

the discharge axial side, the analysis becomes more attuned to the dynamic interac-

tion between oil �ow and the resultant drag losses. This level of detail contributes

to a more accurate representation of the compressor's behaviour, especially as it

pertains to the intricate relationship between oil distribution and drag loss.

The conservation of mass equation reduces to the following form

∂u

∂x
+

∂v

∂y
+

∂w

∂z
= 0 −→ ∂u

∂x
= 0 (4.30)
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Similarly, the momentum equation takes the below form

ρ

(
∂u

∂t
+ u

∂u

∂x
+ v

∂u

∂y
+ w

∂u

∂z

)
= −∂p

∂x
+ ρgx + µ

(
∂2u

∂x2
+

∂2u

∂y2
+

∂2u

∂z2

)
(4.31)

d2u

dy2
=

1

µ

dp

dx
(4.32)

Using the conservation laws for mass and momentum, the velocity pro�le takes the

following form

u =
1

2µ

dp

dx
y2 + C1y + C2 (4.33)

After applying boundary conditions at the rotor tip and inner housing surfaces, the

velocity pro�le takes the following form

u =
V y

h
+

1

2µ

dp

dx

(
y2 − hy

)
(4.34)

After substituting this velocity pro�le in the shear stress equation, the shear stress

can be calculated as

τ = µ
du

dy
−→ τ =

µV

h
+

h

2

dp

dx
(4.35)

The determination of pressure gradient, essential for the calculation of shear stress,

is derived from a chamber model that is numerically solved as documented in Stosic

(2005). This model provides the necessary pressure gradient information. For each

rotation angle of the rotor, the pressure variation is computed, and this value is

subsequently divided by the discretised length of the clearance gap, which is equally

divided.

In order to verify and validate the model, the pressure variation is recorded for

various discharge pressure ratings. This comparison helps ensure that the model

aligns well with experimental data, thereby con�rming its accuracy and reliability in

capturing the pressure gradients essential for shear stress calculations.

Ultimately, the torque required to overcome the shear stress and power loss is

given by

T = τAr (4.36)

To compute the shear �ow region within the radial clearance, the analysis involves
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the product of the top land width of the rotors, the lead, and the number of lobes.

This particular shear �ow region within the radial clearance is visually depicted in

Figure 4.7, highlighted as the area along the outer diameter of the female rotor.

Figure 4.7: Shear �ow region for radial clearance

Given the radial alteration in velocity boundary conditions along the high-pressure

side axial clearance, the calculation of shear stress and frictional torque involves the

consideration of two distinct areas: the tip velocity at the pitch circle radius and the

circular region encompassing the pitch circle of the rotor. Due to the non-symmetric

pro�le of the rotor on its end face, the circular area encompassing the pitch circle is

designated as the shear �ow region. This speci�c region for shearing within the axial

clearance is clearly identi�ed by the highlighted annular area on the rotor's end face,

as visually depicted in Figure 4.8.

Figure 4.8: Shear �ow region for axial clearance

To establish the shear �ow region pertinent to the interlobe clearance, the zone

subjected to shear stress is de�ned by the product of the sealing line length and the

clearance length. The sealing line length, a key parameter, is illustrated in Figure
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4.9, while the clearance length, equivalent to the width of the top land of the rotor, is

depicted in Figure 4.7. The calculation of the sealing line length is accomplished by

plotting the locus of contact points between the male and female rotors throughout

one complete revolution. Subsequently, the arc length of this locus is computed

numerically and can be obtained using the SCORPATH software (Stosic, 2005).

Figure 4.9: Shear �ow region for interlobe clearance

The shaft power can be calculated from the obtained shear stress and shaft speed

using the following equation

P =
2πNT

60
(4.37)

The outcomes derived from this model, along with the subsequent parametric

analysis, shed light on the in�uence of various factors on drag loss. These factors

include compressor sizes, rotational speeds, pressure ratios, oil viscosities, and clear-

ance sizes. The presentation and examination of these predictions and parametric

analyses constitute the content of the forthcoming chapter.

4.4 Summary

Within this speci�c chapter, a comprehensive study of power loss prediction models

is introduced, each tailored to the unique components of an oil-�ooded twin-screw

compressor. The components identi�ed as pivotal contributors to power loss encom-

pass rolling element bearings, shaft seals, oil drag loss, and gears.

The forecast of bearing power loss is approached through an evaluation of method-
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ologies advocated by SKF (SKF, 2018), Harris (Harris and Kotzalas, 2007), and

Palmgren (Tu, 2016). The predictions generated by these methods, speci�cally ad-

dressing roller and ball bearings, are aligned with empirical �ndings from existing

literature. The implementation of these prediction methods is executed through

MATLAB (2022), with comprehensive programming details furnished in Appendices

A, B, and C. It is noteworthy that these bearing power loss projections span com-

pressors of varying sizes, designed for power ratings ranging from 15 to 160 kW. A

meticulous comparison of these predictions against experimental observations of total

shaft power reveals that the Harris model, when coupled with power loss projections

for shaft seals and oil drag, closely aligns with experimental data. A comprehen-

sive exposition of this comparison is presented in Chapter 6, thus advocating for the

adoption of the Harris model for rolling element-bearing power loss prediction.

For the drag loss estimation, an amalgamated Couette-Poiseuille �ow model is

formulated utilizing analytical techniques (Abdan et al., 2022). This model facili-

tates the deconstruction of drag loss contributions stemming from distinct clearance

pathways, encompassing axial, radial, and interlobe clearances. Moreover, it accom-

modates parametric analysis aimed at uncovering the in�uences of compressor size,

tip speed, and pressure ratio. The computational framework, established within the

scope of MATLAB (2022), is outlined in Appendix E.

Adhering to the principles outlined in Chapter 2, the computation of shaft seal

power loss amalgamates a semi-analytical method, empirical equations, and empirical

measurements, as advanced by Frölich et al. (2014) and Engelke (2011). A detailed

breakdown of the calculation steps pertinent to this method is expounded upon in

Appendix D. Simultaneously, the determination of power loss attributed to gears

adheres to the methodology prescribed by Jelaska (2012), as elaborated upon in

Chapter 2. This method inherently di�erentiates between power loss during loaded

operation and power loss during idle gear motion. Notable factors in�uencing gear

power loss encompass transmitted power and loads, gear ratio, mean coe�cient of

friction, lubrication type and level, and lubricant properties.
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Chapter 5

Case Studies and Parametric

Analysis

5.1 Introduction

Building upon the methods presented in the preceding chapter, this section encom-

passes the calculation of the comprehensive mechanical power loss within the oil-

injected, twin-screw compressor. The totality of mechanical power loss encapsulates

the combined e�ects of power loss through bearings, the radial shaft seal, oil drag,

and gears. Furthermore, this chapter delves into a parametric analysis, exploring

the in�uence of speci�c geometric and operational parameters on the magnitude of

mechanical loss. This exploration enhances comprehension of how variations in these

parameters impact the overall mechanical power loss within the compressor system.

5.2 Case Study on Bearing Power Loss

5.2.1 Oil injected compressor

Three sizes of oil-injected, twin-screw compressors which are designed for 15-30 kW

(size 1), 37-55 kW (size 2) and 75-160 kW (size 3) with �N� rotor pro�le, 4/5 lobe

combination and L/D=1.55 are considered for the analysis. The male rotor diameters

of size 1, size 2 and size 3 are 98 mm, 141 mm and 231 mm respectively.

As concluded in the previous chapter, the Harris model is better suited to calcu-
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late power loss through the bearings. Table 5.1 lists the rolling element bearings used

in the compressors mentioned above with their location of use. The radial and ax-

ial loads generated during compression are obtained from the SCORPATH software

package.

Table 5.1: Bearings used in screw compressors

Location size 1 size 2 size 3

Male-Radial-Suction NU 205 ECP NU 307 ECP NU 213 ECP

Female-Radial-Suction NU 203 ECP NU 2304 ECP NU 1009 ECP

Male-Radial-Discharge NU 205 ECP NU 2207 ECP NU 211 ECP

Female-Radial-Discharge NU 205 ECP NU 2207 ECP NU 211 ECP

Male-Axial-Discharge 7305 BEP 7407 BEP 7311 BECBP

Female-Axial-Discharge 7205 BEP 7207 BEP 7211 BEP

5.2.1.1 Type and magnitude of the load

The di�erent types of load and their magnitude acting on di�erent bearings posi-

tioned inside the oil-injected, twin-screw air compressor of size 2 for a pressure ratio

of 8.5 and 30 m/s speed of male rotor speed are shown in Figure 5.1.

Figure 5.1: Type and magnitude of the load on di�erent bearings
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The cylindrical roller bearings take only radial load, while axial bearings take

only axial load. The frictional power loss in these bearings for the above-mentioned

operating and load conditions is presented in Figure 5.2.

Figure 5.2: Frictional power loss in bearings

Compared to the radial bearings, the axial bearings show higher frictional power

loss.

5.2.1.2 E�ect of pressure ratio and shaft speed

The e�ect of pressure ratio on bearing power loss with respect to speed is shown in

Figure 5.3. The calculations are done for the size 2 compressor.
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Figure 5.3: E�ect of pressure ratio and speed on bearing power loss

It is seen that the total frictional power loss of the compressor bearings increases

almost linearly with the pressure ratio and the speed of the bearings.

5.2.1.3 E�ect of size and load

The e�ect of pressure ratio and shaft speed on bearing power loss for di�erent sizes

of compressor bearings is shown in Figure 5.4. With the increase in the size of the

bearing, shaft speed and compression pressure ratio, the power loss in the bearings

increases.

Figure 5.4: Oil injected bearings power loss

With the increase in the size of the compressor and ultimately the bearings,
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the power loss increases because of larger frictional surface areas. The frictional

power loss due to increased pressure ratio or loads on bearings shows a signi�cant

contribution to the bigger size compressors than the smaller size compressors.

5.3 Case Study on Radial Shaft Seal Power Loss

Using the method proposed in the previous chapter, the parametric analysis is carried

out to understand the e�ects of radial force, shaft diameter, shaft surface roughness,

shaft speed and oil temperature. A shaft seal with nitrile rubber (NBR) material

exerts a mean radial force of 145.9 N/m while the FKM material seal exerts a mean

radial force of 100 N/m (Engelke, 2011). A shaft/seal-inner diameter of 75 mm, a

rotational speed of 3000 rpm, a surface roughness of 1.6 micrometres and a contact

temperature of 333 K is considered for the calculation.

5.3.1 E�ect of shaft speed

The seal frictional power loss increases linearly with respect to the shaft speed as

shown in Figure 5.5. Since the radial force exerted by the nitrile rubber is more, it

contributes more to power loss than the FKM seal.

Figure 5.5: Seal power loss v/s shaft speed

5.3.2 E�ect of shaft diameter

The shaft size is directly proportional to the radial force exerted by the seal. As the

shaft size increases, the seal frictional power loss increases, as shown in Figure 5.6.
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The increase in frictional power loss is a non-linear curve.

Figure 5.6: Seal power loss v/s shaft diameter

5.3.3 E�ect of surface roughness

The e�ect of shaft surface roughness on the frictional power loss of the seal is shown

in Figure 5.7. The frictional power loss does not change much with respect to shaft

surface roughness. However, it does a�ect the seal's performance. Higher shaft

surface roughness creates more passages for oil to escape, resulting in oil leakage

through the seal.

Figure 5.7: Seal power loss v/s shaft surface roughness

5.3.4 E�ect of oil temperature

The e�ect of oil temperature on the seal's frictional power loss is presented in Figure

5.8.
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Figure 5.8: Seal power loss v/s oil temperature

No e�ect of oil temperature on the seal's frictional power loss in the operating

range from 270 K to 370 K is seen.

5.4 Case Study on Oil Drag Loss

5.4.1 E�ect of compressor size

This section presents the outcomes derived from the analytical model for drag loss

pertaining to the three distinct compressor sizes. The impact of speed variations on

each component of drag loss is vividly illustrated in Figure 5.9 (a), (b), and (c) for

compressors of size 1, 2, and 3, respectively, when operating at a pressure ratio of

8.5. This graphical representation provides a tangible insight into the behaviour of

drag loss components in response to changes in operating speeds for the speci�ed

compressor sizes.
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(a) Size 1 compressor (b) Size 2 compressor

(c) Size 3 compressor

Figure 5.9: The e�ect of di�erent sizes of the screw compressor on drag loss elements
with respect to speed

In the context of all three compressors, a consistent trend emerges where the axial

drag loss component accounts for approximately 55% of the total drag loss. The

radial drag loss element contributes to around 43%, while the drag originating from

the interlobe clearance remains notably low, hovering around 1-2%. This distribution

underscores the signi�cant in�uence of axial and radial clearances in driving drag loss

within the compressor system.

This pronounced axial and radial contributions to drag loss can be attributed to

several factors. Primarily, the axial and radial clearances at the discharge end and

larger shear area experiences heightened shear �ow regions along with substantial

pressure gradients. These characteristics create an environment conducive to elevated

drag loss in comparison to the interlobe clearance. This phenomenon aligns well with

empirical observations that underscore the substantial e�ect of the axial and radial

gaps on the volumetric �ow rate of the compressor.
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5.4.2 E�ect of pressure ratio

A comprehensive parametric analysis was conducted to ascertain the impact of pres-

sure ratio (π), oil viscosity, and clearance values on each constituent element com-

prising the total drag loss. For the size 2 compressor, drag loss was evaluated for

operation at pressure ratios of 8.5, and 12.5 across a range of speeds. The corre-

sponding e�ects are graphically presented for each individual drag loss element in

Figure 5.10 (a), (b), and (c).

The results reveal distinctive trends: the radial and axial components of drag loss

exhibit a non-linear increase with speed, while the interlobe element displays a linear

rise with speed. This di�erential behaviour underscores the complex interactions of

various parameters on the distinct components of drag loss.

(a) radial clearance (b) axial clearance

(c) interlobe clearance

Figure 5.10: E�ect of pressure ratio on drag loss with respect to speed for size 2
compressor

Additionally, it is evident that the pressure ratio exerts a modest in�uence on the

radial and axial drag loss elements. This manifests in an approximately 14% increase
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in drag loss when the pressure ratio transitions from 8.5 to 12.5. However, for the

same alteration in pressure ratio, the interlobe drag loss element demonstrates a much

more pronounced response, resulting in a 33% escalation in drag loss. This disparity

in the impact of pressure ratio on di�erent drag loss components underscores the

varying sensitivities of these elements to operational changes.

5.4.3 E�ect of oil viscosity

The analysis con�rms that oil with higher viscosity imparts greater resistance to the

�ow, resulting in elevated losses. The �ndings clearly demonstrate that the total drag

loss escalates in tandem with an increase in oil viscosity, as depicted in Figure 5.11.

This alignment with practical behaviour reinforces the understanding that higher oil

viscosity indeed leads to heightened drag loss.

It is notable that the percentage increase in drag loss is more pronounced for

larger compressors. This observation underscores the fact that the in�uence of oil

viscosity on drag loss is more pronounced in larger compressor systems, potentially

due to the more intricate �ow dynamics and greater clearance volumes inherent to

larger con�gurations.

Figure 5.11: E�ect of oil viscosity on drag loss for di�erent sizes of compressors and
pressure ratio 8.5

The selection of distinct clearances tailored to the varying sizes of the compres-

sors leads to divergent leakage areas available for oil shearing. This variation in

clearance dimensions directly in�uences the magnitude of drag losses incurred. This
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phenomenon is noticeably illustrated in Figure 5.11, where it becomes evident that

larger compressor sizes maintain larger leakage areas, consequently resulting in higher

drag losses compared to smaller compressor sizes.

This trend highlights the intricate relationship between clearance design, leakage

areas, and drag loss, ultimately contributing to the performance disparities observed

across compressors of varying sizes.

5.4.4 E�ect of various clearances

The e�ect of various clearances on the drag loss in the radial, axial and interlobe ele-

ments for the size 2 compressor is shown in Figure 5.12 (a), (b), and (c), respectively,

when operating at a pressure ratio of 8.5.

(a) radial clearance (b) axial clearance

(c) interlobe clearance

Figure 5.12: E�ect of various clearances on drag loss at pressure ratio 8.5 with speed
for size 2 compressor

The alterations in clearance dimensions exert a more pronounced impact on the

radial and axial drag loss components compared to the interlobe element. Speci�cally,
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the radial and axial elements display a substantial decrease in drag loss, amounting to

nearly 25%, when the respective clearances are augmented from 0.030 mm to 0.040

mm. In contrast, the impact on the interlobe drag loss element is comparatively

marginal when its clearance increases from 0.030 mm to 0.040 mm.

This discrepancy underscores the di�erential sensitivity of these drag loss com-

ponents to changes in clearance dimensions. It further emphasizes the signi�cance

of meticulous clearance design in managing and optimizing drag losses within the

compressor system.

5.4.5 Comparison of Couette and Poiseuille �ow in clearance

5.4.5.1 E�ect of tip speed and radial clearance

This section is dedicated to describe the in�uence of tip speeds, radial clearances,

and pressure ratios on the velocity pro�le within the radial clearance.

In Figure 5.13, the x-axis corresponds to the male rotor tip speed, while the y-axis

depicts the normalized radial clearance. The x-axis value at y/GAPR=0 corresponds

to the male rotor tip speed, while the x-axis value at y/GAPR=1 corresponds to the

housing surface. This graphical representation facilitates a visual understanding of

the alterations in velocity distribution across varying tip speeds and radial clearances,

lending insights into the interplay between Couette and Poiseuille �ows.
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(a) Tip speed 50 m/s

(b) Tip speed 10 m/s

Figure 5.13: E�ect of tip speed and radial clearance on drag loss

In the context of a tip speed of 50 m/s and a pressure ratio of 8.5, as depicted

in Figure 5.13 (a), the impact of radial clearance gap variation appears negligible.

Similarly, when the tip speed is reduced to 10 m/s, maintaining the same pressure

ratio of 8.5, the radial clearance does not exhibit the signs of Poiseuille �ow e�ects,

as illustrated in Figure 5.13 (b). Consequently, the prevailing �ow dynamics are

predominantly characterized by the Couette type of �ow.

This observation underscores the pivotal role that tip speed plays in shaping the

�ow behaviour within the radial clearance, and subsequently, the dominance of either

Couette or Poiseuille �ow dynamics.

5.4.5.2 E�ect of pressure ratio and radial clearance

Similar to the e�ect of tip speed as presented in the previous section, the e�ect of

pressure ratio and radial clearance for a constant tip speed of 40 m/s is shown in
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Figure 5.14. The e�ect of PR=8.5 and di�erent radial clearances are shown in Figure

5.14 (a), while the e�ect of PR=12.5 is presented in Figure 5.14 (b).

(a) Pressure ratio 8.5

(b) Pressure ratio 12.5

Figure 5.14: E�ect of pressure ratio and radial clearance on drag loss

For both pressure ratio values and di�erent radial clearances, the velocity pro�le

does not change much, and again it closely follows the Couette type.

5.5 Case Study on Gear Power Loss

A helical gear pair with a gear ratio of 2.23 and centre distance of 125 mm, helix

angle with 12o, pressure angle 20o and a module of 2.5 mm is considered for the

evaluation. The e�ect of input power upon the power loss during the idle motion

and power loss during the gear mesh under load is as shown in Figure 5.15. The

power loss in idle motion is mainly a function of peripheral speed, the position of the

gears in oil and the direction of rotation of mating gears. Since the input power does

not a�ect any of the parameters mentioned above, the power loss in idle motion for
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di�erent input powers remains constant.

Figure 5.15: Power loss v/s input power

The power loss in the mesh is a function of the gear ratio as well and the e�ect

of it is presented in Figure 5.16. The power loss during mesh under load increases

as the gear ratio increases. The reason behind this is the increase in gear ratio, the

contact ratio between mating gears increases which causes an increase in the power

loss. The helical gear speci�cation mentioned above with the power input of 24 kW

is used for the calculation.

Figure 5.16: Power loss v/s gear ratio

The transmission e�ciency decreases with the increase in gear ratio as presented

in Figure 5.17. As the gear ratio increases, the e�ciency drops because of the in-

creased power loss for the gears in mesh under load.
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Figure 5.17: Transmission e�ciency v/s gear ratio

The parametric study shows that total power loss increases with the increase in

input speed, gear ratio and input power.

5.6 Contribution of each Element to Power Loss

The elements that contribute to the total power loss and the extent of their respec-

tive contributions constitute critical information during the compressor selection or

design process. This data empowers engineers to make informed decisions regard-

ing the optimization of the compressor system. Speci�cally, knowing the individual

contributions of bearings, seals, and oil drag to the total power loss is pivotal in

achieving an e�cient design.

Figure 5.18 illuminates the individual contributions to power loss made by bear-

ings, seals, and oil drag in the context of a size 2 compressor operating at a pressure

ratio of 8.5. This graphical representation provides a tangible insight into the rela-

tive signi�cance of each component's contribution, thereby aiding in making judicious

decisions during the compressor design or selection phase.
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Figure 5.18: Contribution of each element of power loss

Notably, the contribution to power loss by rolling bearings emerges as the most

substantial among the three considered elements. However, as operational speed in-

creases, the contribution of drag loss undergoes a rapid escalation. While the bearing

power loss contribution might appear to diminish in relative terms, it's important

to highlight that the absolute value of bearing power loss experiences an increase in

correspondence with speed and pressure ratio alterations. This trend is distinctly de-

picted in Figure 5.3, providing a comprehensive visual understanding of the interplay

between these parameters and their impact on bearing power loss.

5.7 Summary

This chapter serves as a comprehensive exposition of detailed case studies and in-

depth parametric analyses, all centred around the context of oil-injected, twin-screw

air compressors. The focal point of these investigations is to discover the intricate

interplay between various operational factors and the resulting power loss.

Spanning across a range of compressor sizes, pressure ratios, and rotational

speeds, the case studies delve into a meticulous analysis of all elements contributing

to power loss. These elements include bearings, shaft seals, oil drag, and gears. The

comprehensive examination takes into account the varying impact of these parame-
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ters on frictional power loss.

The scope of these analyses encompasses tip speeds up to 40 m/s, with pressure

ratios reaching a maximum of 12.5. Additionally, the viscosity of the oil used for

these evaluations is set at 68 cSt at 40oC, a parameter that further enriches the

comprehensiveness and applicability of the study's �ndings.

� The axial load carrying angular contact ball bearings contribute more signif-

icantly to the frictional power loss than the radial load carrying cylindrical

roller bearings.

� With the increase in pressure ratio and shaft speed, the bearing frictional power

loss increases almost linearly.

� Bigger sizes of compressors exhibit higher bearing frictional losses than their

small counterparts, while the loss due to increased pressure is more signi�cant

in bigger compressors.

� Increased shaft speed shows a linear increase in shaft seal power loss while the

increased shaft diameter shows an exponential rise in shaft seal power loss.

� However, the surface roughness and oil temperature do not show a signi�cant

e�ect on the shaft seal power loss.

� Oil drag loss in the discharge axial clearance gap is nearly 55% of the total

drag loss, and nearly 43% in the radial clearance, while drag loss occurring in

the interlobe clearance is very low.

� As the pressure ratio increases, the percentage increase in the interlobe element

of the drag loss is higher than in the other two elements.

� As the oil viscosity is increased, the total drag loss in larger compressors in-

creases more rapidly than in smaller compressors.

� As the clearances are increased, the radial and axial elements of the drag loss

are reduced signi�cantly than the interlobe element of the drag loss.

� Within the speci�ed limits of compressor size, tip speed and pressure ratio, the

Couette �ow always dominates Poiseuille �ow, and the velocity pro�le in radial
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clearance almost maintains the Couette dominant shape with almost no e�ect

of radial clearance, pressure ratio and tip speed.

� The gear power loss increases with input power, speed and gear ratio.

� For a direct-drive (without gears), oil-�ooded compressor, bearings are the

biggest contributor to power loss, 8-10% of total shaft power, while oil drag

loss dominates after a certain tip speed (∼ 40 m/s) and can contribute up to

12% of total shaft power.

� The shaft seal power loss is negligible.
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Chapter 6

Experimental Validation and

Discussions

6.1 Introduction

This chapter presents the experimental validation of the drag loss model presented

in Chapter 4 and total shaft power consumption for di�erent sizes of the compressors

operating at di�erent operating conditions. Towards the later part of this Chapter, a

regression analysis is performed to derive correlations for the estimation of mechan-

ical power loss from the bearing, shaft seal and oil drag. These correlations can be

readily used in commercial performance prediction programs.

6.2 Experimental Validation of Drag Loss Predictions

6.2.1 Drag loss model

To experimentally validate the developed analytical model for oil drag loss, the top

land area on the outer diameter of the screw rotor is modi�ed, which substantially in-

�uences the drag loss. As presented in the previous section, the drag loss in interlobe

clearance does not contribute much to the power loss. Also, the axial clearance shear

�ow region changes could demand substantial manufacturing changes and possibly

a�ect the other performance parameters. So changes are made only in the shear �ow

region of the radial clearance while designing di�erent screw rotor pro�les.
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6.2.1.1 Rotor pro�les designed for di�erent levels of drag losses

A patented `N' rotor pro�le (Stosic, 1996) is taken as a reference pro�le as shown

in Figure 6.1 (a). Based on this pro�le, three screw rotor pro�les are modi�ed and

designed, `beta-1', `beta-2' and `beta-3'. The characteristic of the `beta-1' pro�le

is that it provides a slanting tip on the female rotor top land. It is generated by

providing a slant on the female rotor of the N-pro�le. The slant is provided from

the leading edge of the pro�le to the trailing edge such that the minimum radial

clearance is maintained at the leading edge of the pro�le, as shown in Figure 6.1 (b).

With this change, it is anticipated that the shearing of the oil in the radial clearance

will reduce and, ultimately, the drag loss. The `beta-2' pro�le provides a longer top

land width than the `N' screw rotor pro�le and is expected to contribute to higher

drag loss. It is shown in Figure 6.1 (c). While the `beta-3' pro�le has a similar slant

provided in `beta-1' but on a `beta-2' pro�le. The schematic representation of `N',

`beta-1', `beta-2' and `beta-3' female rotor top lands is shown in Figure 6.1.

(a) Reference `N' pro�le

(b) `beta-1' pro�le

(c) `beta-2' pro�le (d) `beta-3' pro�le

Figure 6.1: Schematic representation of slanting female rotor top land in `beta-1',
`beta-2' and `beta-3' pro�les compared to the �at land on `N' pro�le
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The marked red portion on top of each female rotor depicts the area of minimum

radial clearance where oil �lm shears, as shown in Figure 6.2.

(a) Reference `N' pro�le

(b) `beta-1' pro�le (c) `beta-2' pro�le

Figure 6.2: Schematic representation of `N', `beta-1' and `beta-2' female rotor top
lands where oil �lm shears in the radial gap

As indicated in the previous section, with the increase in tip speed, the contri-

bution of the oil drag loss increases and can be more than that of the bearing power

loss. So the experiments were carried out at relatively higher tip speeds to amplify

the e�ects caused by oil drag.

6.2.1.2 Experimental measurements

An oil-�ooded, twin-screw, air compressor (size 2 compressor) packaged unit with an

electric motor of 55 x 1.2 kW rating along with a speed-increasing gear drive, was

used for the experimentation and is shown in Figure 6.3.
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Figure 6.3: A Kirloskar 55 kW oil-�ooded, twin-screw, air compressor package

The pro�le geometric characteristics of the above-mentioned rotor pro�les and

clearances that were maintained during assembly are mentioned in Table 6.1.

Table 6.1: Pro�le geometric characteristics and assembly clearances

Parameter N beta-1 beta-2 beta-3

GAPI [mm] 0.040 0.040 0.040 0.040

GAPA [mm] 0.060 0.060 0.060 0.060

GAPR [mm] 0.040 0.040 0.040 0.040

Interlobe leakage area [mm2] 24.185 24.191 27.461 27.366

Female rotor top land width [mm] 14.0 14.0 24.0 24.0

Here, GAPI stands for interlobe clearance, GAPA stands for axial clearance on

the compressor's high-pressure side, and GAPR stands for radial clearance.

The rotors are manufactured on precision grinding machines with a pro�le accu-

racy of ±7 micrometres. The photographs of manufactured rotors with the pro�les

that are mentioned earlier are shown in Figure 6.4.
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(a) Actual `beta-1' pro�le

(b) Actual `beta-2' pro�le

(c) Actual `beta-3' pro�le

Figure 6.4: Actual photographs of rotors with the tweaked pro�les `beta-1', `beta-2'
and `beta-3'

These rotors were assembled in the same bare compressor housing, one after the

other, and were operated at a package discharge pressure of 7 bar gauge. An electric

motor drove the compressor through a gearbox with the male rotor rotating at a

constant tip speed of 37.3 m/s. The female rotor side was provided with a single-

point oil injection in the bare compressor housing. The oil with a density of 860

kg/m3 and viscosity of 68 cSt at 40oC was used. A representative schematic of the

air and oil �ow through the compressor package is shown in Figure 6.5.
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Figure 6.5: Schematic of air and oil �ow through the compressor package (Prasanna,
2023)

The oil is circulated within the package through the pressure di�erential created

by the compressor discharge pressures and pressure drop in the oil return line. This is

also a�ected by the position at which the oil is injected into the compressor. Since the

same compressor housing and the same operating pressures were maintained during

the testing, the oil �ow rate for all three rotor pro�les can be considered constant.

The air volume �ow rate is measured using a di�erential manometer at the discharge

end of the compressor package and is normalised to the suction conditions.

6.2.1.3 Summary

In the context of experimental shaft power measurement, the total recorded shaft

power is composed of the adiabatic power and the aggregate mechanical power loss.

This comprehensive mechanical power loss encompasses losses attributed to oil drag,

bearings, shaft seals, and gears. Importantly, since the experiments utilize the same

compressor with identical bearings, shaft seals, and gears, and are conducted under

constant operating conditions, the power losses associated with bearings, shaft seals,

and gears are deemed consistent. This reasoning is grounded in the constancy of

110



geometry and operating conditions, which in turn maintain consistent load factors.

For the calculation of bearing power loss predictions, the Harris model (Harris and

Kotzalas, 2007) is employed, yielding a calculated power loss of 5.74 kW. Meanwhile,

the shaft seal power loss is predicted utilizing methods proposed by Frölich et al.

(2014) and Engelke (2011), resulting in a calculated shaft seal power loss of 0.05 kW.

Furthermore, employing the superimposed Couette-Poiseuille method outlined

in the preceding section for the calculation of drag loss, the results for drag loss at

distinct clearance elements for `N', `beta-1', `beta-2', and `beta-3' are presented in

Table 6.2.

Table 6.2: Drag loss prediction for `N', `beta-1', `beta-2' and `beta-3'

Sr.No. Power loss [kW] `N' `beta-1' `beta-2' `beta-3'

(A) Bearing + seal 5.79 5.79 5.79 5.79

(B.1) Drag loss in radial clearance 1.85 0.27 3.03 0.43

(B.2) Drag loss in high pressure

axial clearance

1.40 1.40 1.40 1.40

(B.3) Drag loss in interlobe

clearance

0.03 0.3 0.07 0.07

(B) Total drag loss 3.28 1.71 4.49 1.89

The computation of total shaft power consumption involves several components.

The total power loss is summed with the adiabatic power, taking into account a

reasonable assumption of 2% power loss attributed to the driving gears. The adi-

abatic power necessary for air compression is in�uenced by parameters such as the

adiabatic index, suction pressure, pressure ratio, and suction volume �ow rate. For

this calculation, an adiabatic index of 1.4 is utilized for air. The suction pressure,

measured during the experiments, is 0.95 bar, while the discharge pressure is held

constant at 8.31 bar. Under these conditions, and with an operating tip speed of

37.3 m/s, the suction volume �ow rate is determined to be 9.12 m3/min. Using the

SCORPATH program (Stosic, 2005), the adiabatic power is predicted to be 43.25

kW.
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By integrating the aforementioned elements, the total shaft power consumption is

calculated, yielding a comprehensive and representative measure of the compressor's

power usage. The predictions are given in Table 6.3.

Table 6.3: Flow and shaft power predictions for `N', `beta-1', `beta-2' and `beta-3'

Sr.No. Predictions `N' `beta-1' `beta-2' `beta-3'

(A) FAD [m3/min] 9.12 9.12 9.71 9.43

% change in FAD with

respect to `N'

- 0.00% 6.53% 3.40%

(B) Compressor shaft power [kW]

(adiabatic power + power

loss in bearings, seal, drag

loss and gears)

53.37 51.76 57.48 53.45

% change in shaft power with

respect to `N'

- -1.51% 7.41% 5.27%

The results obtained for the experimental measurement of suction volume �ow

rate (FAD) and the compressor shaft power are presented in Table 6.4.

Table 6.4: Experimental measurements for �ow and shaft power for `N', `beta-1',
`beta-2' and `beta-3'

Sr.No. Experimental measurements `N' `beta-1' `beta-2' `beta-3'

(A) FAD [m3/min] 8.75 8.82 9.10 9.16

% change in FAD with

respect to `N'

- 0.87% 4.00% 4.71%

(B) Compressor shaft power [kW] 55.33 54.89 61.52 59.25

% change in shaft power with

respect to `N'

- -0.80% 11.19% 7.08%

Given that the prediction does not accurately capture the variation in measured

volume �ow rates from `N' to `beta-1', `beta-2', and `beta-3', a correction is in-
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troduced based on experimental measurements. This correction is applied to the

adiabatic power in the total shaft power prediction. The procedure involves cal-

culating the percentage change in measured suction volume �ow rates for `beta-1',

`beta-2', and `beta-3' in relation to the `N' rotor pro�le. Subsequently, this same

percentage change is employed to adjust the shaft power prediction.

The comparison between the corrected prediction and the experimental shaft

power measurements is then presented in Table 6.5. This approach enhances the

alignment between predictions and actual measurements by accounting for the ob-

served variations in volume �ow rates across di�erent rotor pro�les.

Table 6.5: A comparison of prediction and measured shaft power `N', `beta-1', `beta-
2' and `beta-3'

Sr.No. Normalised parameters `N' `beta-1' `beta-2' `beta-3'

(A) Corrected prediction of shaft

power [kW]

52.32 51.12 58.20 54.51

% change in shaft power

prediction with respect to `N'

- -2.29% 11.24% 4.18%

(B) Compressor shaft power

measured [kW]

55.33 54.89 61.52 59.25

% change in shaft power with

respect to `N'

- -0.80% 11.19% 7.08%

The comparison displayed in the aforementioned table demonstrates that the

percentage change predictions for `beta-1', `beta-2', and `beta-3' exhibit a reasonable

agreement with the predictions, serving as an indication of the successful validation

of the analytical model.

The unexpectedly heightened power increase was accompanied by audible rattling

noise during testing. This noise serves as an indicator of a de�cient gate rotor torque

characteristic in the pro�le, a concern that was initially anticipated during the design

phase. Notably, the calculated gate rotor torque for the `beta' pro�les was determined

to be much greater than that of the `N' pro�le under the tested conditions. Another

potential contributor to the higher-than-expected power lies in the uniform discharge
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port design, which was tailored for the `N' pro�le. Since the bearing housing remains

constant while only the rotors are replaced, this uniform discharge port design might

not optimally accommodate the characteristics of the `beta' pro�les. This can be

attributed to the thicker gate rotor lobes in the `beta' pro�les, leading to a distinct

theoretical discharge port pro�le as compared to that of the `N' rotors. Consequently,

this di�erence could contribute to the elevated power readings in comparison to the

`N' pro�le. It is important to note that this limitation arises from the absence of

distinct bearing housings for di�erent rotor pro�les in the experimental setup.

Moreover, even though the experiments did not simulate the in�uence of oil �ow

rate, it is conceivable that an augmentation in oil �ow rate would correspondingly

amplify drag loss. The rationale behind this projection lies in the fact that as oil

is introduced into the clearance gaps within the compression chamber to enhance

volumetric e�ciency, it concurrently intensi�es the shearing action of the oil. It is

important to note that the formulated drag loss model presupposes complete �lling

of the radial clearance gaps with oil, along with partial �lling of the axial clearance

gaps. As a result, the model inherently encapsulates the potential for heightened

drag power loss in response to increased oil �ow rates.

6.2.2 Accuracy and Uncertainty Analysis

The accuracy of the speed, pressure and, temperature sensors used during the ex-

perimental measurement is presented in Table 6.6.

Table 6.6: Accuracy of instruments

Parameter Instrument Speci�cations

Compressor

Speed, [N]

Digital tachometer,

NCTM-1000, Metravi

Test Range: 2 to 99,9999 rpm,

Accuracy: ±0.05% ±1 digit

Temperature,

[t]

RTD Pt-100, SIMPLEX

Tempsens Instruments (I)

Pvt. Ltd.

3-wire, DIN-43760, Class A,

Temperature range: -30oC to

350oC, Accuracy: ±0.15oC at 0oC

Pressure, [p] Pressure transmitter,

MBS3000-2211-1, Danfoss

2-wire, 4-20 mA, Pressure range: 0

to 16 bar, Accuracy:±0.5% FSD
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Throughout the process of experimental measurements, multiple sets of readings

were meticulously recorded for identical operating conditions. Speci�cally, three

sets of readings were recorded for `N' and `beta-1', while �ve sets of readings were

taken for `beta-2' and `beta-3'. In order to comprehensively gauge the anticipated

variation in the measurements, an uncertainty analysis for each instrument reading

was undertaken. This analysis draws insights from methods outlined in EDUCBA

(2022).

The uncertainty can be calculated by using the following formula

Uncertainty (u) =

√
Σ(xi − µ)2

n× (n− 1)
(6.1)

Table 6.7: Uncertainty Analysis of `N' and `beta-1' Measurements

Parameter `N' `beta-1'

FAD [m3/min] 9.29 9.29 9.23 9.32 9.32 9.33 9.26 9.24

FAD Mean [m3/min](µ) 9.27 9.29

FAD Uncertainty

[m3/min] (u)

0.02 0.02

Shaft power [kW] 54.97 55.02 54.90 54.62 54.79 54.91 54.45 54.32

Shaft power mean [kW]

(µ)

54.96 54.62

Shaft power

uncertainty [kW] (u)

0.04 0.11
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Table 6.8: Uncertainty Analysis of `beta-2' and `beta-3' Measurements

Parameter `beta-2' `beta-3'

FAD [m3/min] 9.23 9.30 9.43 9.41 9.28 9.31 9.31 9.36

FAD Mean [m3/min](µ) 9.34 9.32

FAD Uncertainty

[m3/min] (u)

0.05 0.02

Shaft power [kW] 61.22 61.43 61.46 61.61 58.26 58.71 58.64 58.83

Shaft power mean [kW]

(µ)

61.43 58.61

Shaft power

uncertainty [kW] (u)

0.08 0.12

The outcomes of the uncertainty analysis reveal that the uncertainty in the mea-

surement of FAD ranges from 0.18% to 0.5%, while for the measurement of shaft

power, the uncertainty ranges from 0.07% to 0.21%. The total compressor package

power measurement employed an energy meter accompanied by a current transformer

(225/5A) possessing a 0.2 class accuracy. The accuracy of power measurement was

indicated as ±0.35% according to Electricalvolt (2022). It's noteworthy that the

comparison results presented for shaft power in Table 5 signi�cantly exceed the mea-

surement uncertainty associated with shaft power.

6.3 Experimental Validation of Total Power Predictions

The prediction of total power loss is calculated using di�erent loss prediction mod-

els presented in Chapter 4. The Harris model is used to predict the power loss in

bearings, a method based on Frölich's and Engelke's work for shaft seal and a com-

bined Couette-Poiseuille �ow model for drag loss. The predictions are made for size

1 (98mm), size 2 (141mm) and size 3 (231mm) compressor sizes for 8.5 and 12.5

pressure ratios operating at di�erent speeds. These compressors were tested under

laboratory conditions in City, University of London and Howden Compressors.
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6.3.1 Test rig

The City, University of London air compressor test rig is shown in Figure 6.6. The

test rig was built to meet CAGI and PNEUROP test standards where the testing

procedures are carried out according to ISO 1217. The tested compressor is driven by

a variable-speed electric motor through a belt drive with a pulley. Oil is injected into

the compressor from the main oil supply manifold. The inlet duct of the compressor

takes air through the air intake �lter at the top of the compressor. Air is then

mixed with oil inside the compressor. After compression, the mixture of hot oil and

compressed air is discharged through a pipe at the bottom of the compressor.

Figure 6.6: Compressor test rig � 141mm compressor

The discharged mixture of oil and air goes into a two-stage oil separator as

presented in Figure 6.7. In the �rst stage, with the centrifugal oil separator, most

of the oil is isolated from the compressed air. Oil is separated, water-cooled and re-

injected into the compressor. A small amount of oil in the vapour form is then passed

through the second stage separator where a �lter extracts the remaining oil from air.

The oil collected at the bottom of the second separator tank is not recirculated.

It is occasionally removed, �ltered and reused. The air leaves through a pipeline

positioned at the top of the second oil separator. An ori�ce plate is positioned in the

pipeline to measure the discharged air �ow rate, and an electric ball valve is operated

to regulate the discharge pressure and air �ow rate. The pressure relief valve, located

on top of the oil separator, is used as a safety measure for the test rig in the event

of a build-up of excess pressure in the separator.
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Figure 6.7: Compressor test rig - Auxiliary systems

6.3.2 Instrumentation and data acquisition

To calculate the performances of the tested compressor, several measurements are

required in the form of suction and discharge pressures and temperatures, air �ow

rate, oil �ow rate and power consumption. To ensure steady-state operating condi-

tions, measured values are tracked in time until they stabilise. The schematic view

of the test rig with all measured and calculated parameters is given in Figure 6.8.

The equipment used for measurement is listed in Table 6.9.

The air�ow rate is measured at the compressor discharge by use of an ori�ce

plate according to ISO 5167-2. The ori�ce plate is sandwiched between two �anged

pipes located between the exit of the second-stage oil separator and the discharge

valve (Figure 6.7). The delivered volume �ow is calculated based on the properties

of air measured at the discharge (next to the ori�ce plate) and then normalize to

inlet condition.

A data acquisition system has been used to acquire data from the transducers

during the experiment. It consists of a National Instrument Compact-RIO (CRIO-

9056 with an 8-slot chassis), running in FPGA (Field Programmable Gate Array)

mode connected to a computer. The programming is carried out using LabVIEW

from where the compressor power consumption, air �ow rate, speci�c power and

e�ciencies (adiabatic and volumetric) are calculated.

The oil �ow rate is calculated from the mass and energy balance of the compressor
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and the oil cooler based on the measurements of temperatures of air, oil and air

mixture, and oil and cooling water, as shown in the equation below. The calculated

oil �ow is found to be comparable with the measurements of oil �ow from the oil

rotameter installed on the rig.

moil =
Wshaft − ṁairCp air × (T2 − T1)

Cp oil × (T2 − Toil)
(6.2)

With Wshaft is the main rotor shaft power; ṁair is the mass �ow rate of air; Cp air,oil

the speci�c heat capacities of air and oil, respectively; T1,2,oil the suction, discharge

and oil injection temperatures, respectively. Note Toil is also noted Toe.

119



Table 6.9: Measurement and instrumentation listing

Parameter Instrument Speci�cations

Compressor Speed [N] Torquemeter Datum Electronics

M425

Up to 8000 rpm

Compressor Torque [T] Torquemeter Datum Electronics

M425

Up to 250 Nm

Suction pressure [p1] Pressure transducer, Druck

UNIK5000 PTX-5022

0 to 3.5 bar(a), Accuracy=±0.2%

FS (±0.007 bar)

Inlet temperature [T1] Platinum Resistance Thermometer

PT100

Range=-75oC to 350oC,

Accuracy=±0.5oC

Discharge pressure [p2] Pressure transducer, Druck

UNIK5000 PTX-5022

Range=0-15 bar(a), Accu-

racy=±0.2% FS (±0.03 bar)

Discharge temperature

[T2]

Platinum Resistance Thermometer

PT100

Range=-75oC to 350oC,

Accuracy=±0.5oC

Ori�ce plate inlet pres-

sure [p3op]

Pressure transducer, Druck

UNIK5000 PTX-5022

Range=0-15 bar(a), Accu-

racy=±0.2% FS (±0.03 bar)

Ori�ce plate inlet tem-

perature, [T3op]

Platinum Resistance Thermometer

PT100

Range=-75oC to 350oC,

Accuracy=±0.5oC

Ori�ce plate di�erential

pressure [dP]

Pressure transducer, wet/dry di�.

Druck UNIK5000 PTX-5022

Range=0-50,000 Pa(g), Accu-

racy=±0.2% FS (±100 Pa)

Oil temperature at inlet

cooler [Toi]

Range=-75oC to 350oC,

Accuracy=±0.5oC

Range=-200oC to 1300oC,

Accuracy=±2.2oC

Oil temperature at

cooler outlet [Toe]

Platinum Resistance Thermometer

PT100

Range=-75oC to 350oC,

Accuracy=±0.5oC

Water temperature at

cooler inlet and outlet

[Twi, Twe]

K-type thermocouple Range=-200oC to 1300oC,

Accuracy=±2.2oC

Oil injection pressure Pressure transducer, PDCR 922 Range=0-15 bar(a), Accu-

racy=0.6%

Oil �ow rate Gespasa MGI-110 Oval Gear Pulse

Meter

Range=5-110 l/min, Accu-

racy=±0.5%
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All measured and computed data are displayed on the computer screen as shown

in Figure 6.8.

Figure 6.8: Labview front panel of experiment monitoring

6.3.3 Results

The outcomes of predictions generated by the proposed method are systematically

contrasted with experimental measurements and predictions from the SCORPATH

program (Stosic, 2005). These comparative analyses are visually depicted in Figure

6.9, 6.10, and 6.11. The computation of total shaft power based on the proposed

method involves the summation of power losses incurred across individual compo-

nents. This cumulative value is subsequently combined with the adiabatic shaft

power of the compressor, aligning with the designated operating pressure ratio and

speed parameters.
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Figure 6.9: Total shaft power of 98mm compressor

A marginal decrease in the experimental measurement is observed at the highest

tip speed in the context of a pressure ratio of 8.5, suggesting a potential error in

the experimental data. Nevertheless, across other operational points encompassing

elevated tip speeds and two distinct pressure ratios, the total shaft power predic-

tions demonstrate a close alignment within an 8.5% margin in comparison to the

experimental measurements. However, it's noteworthy that the predictions slightly

under-predict the experimental measurements in these scenarios.

Figure 6.10: Total shaft power of 141mm compressor

Among the three di�erent compressor sizes, the predictions of total shaft power

exhibit the closest alignment with experimental measurements for the 141mm com-

pressor. The agreement is particularly notable, being within a margin of 1.7%. How-

ever, it's worth noting that even in this case, the predictions tend to under-predict
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the experimental measurements, especially at higher tip speeds and pressure ratios.

Figure 6.11: Total shaft power of 231mm compressor

The dissimilarity between the predictions of total shaft power and the corre-

sponding experimental measurements for the 231mm compressor sizes, at pressure

ratios of 8.5 and 12.5, lies within a range of 1.9% over-prediction to 2.5% under-

prediction. Notably, when contrasting the predictions with empirical measurements

and SCORPATH projections, a commendable level of agreement is observed across

various compressor sizes, pressure ratios, and speeds.

6.4 Regression Analysis

Utilizing the predicted data points as a foundation, the attempt to establish a func-

tion representing these points is pursued in this section. The goal is to formulate a

correlation capable of encapsulating the outcomes of the prediction model.

A viable method for achieving this is through Machine Learning, a methodology

that entails training a model using the available dataset. However, it's important to

note that this approach is applicable only on platforms equipped with libraries that

facilitate model training, such as MATLAB, Python, and similar frameworks. For

pre-existing screw compressor performance prediction programs that lack access to

such libraries, the development of an appropriate regression model is imperative.

In this context, polynomial regression emerges as a promising technique. Three

distinct correlations have been derived using polynomial regression to predict me-

chanical power loss attributed to bearing, shaft seal, and oil drag. The independent
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variables feeding into these correlations comprise male rotor outer diameter [mm],

pressure ratio, and male rotor tip speed [m/s]. This systematic approach ensures that

these correlations e�ectively encapsulate the intricacies of the mechanical power loss

phenomena across the designated parameters.

Ploss(x, y, z) = a1 + a2x+ a3y + a4z + a5x
2 + a6xy + a7xz + a8y

2 + a9yz + a10z
2

+a11x
3+a12x

2y+a13x
2z+a14y

2x+a15xyz+a16z
2x+a17y

3+a18y
2z+a19z

2y+a20z
3

(6.3)

where, Ploss is mechanical power loss [kW], x is male rotor tip speed [m/s], y is male

rotor outer diameter [mm], z is pressure ratio and a's are constants which are de�ned

for the respective element of power loss. The constants are given in Table 6.11.
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Table 6.11: Constants for power loss in bearing, shaft seal and oil drag

Constant Bearing Shaft seal Oil drag

a1 -2.63E+00 -2.36E-02 -3.45E-02

a2 4.25E-01 5.16E-03 1.76E-04

a3 9.93E-07 9.82E-09 2.17E-08

a4 3.03E-03 -4.82E-14 -7.57E-08

a5 -1.13E-03 -8.45E-05 -1.86E-03

a6 -3.51E-03 -3.30E-05 -5.52E-05

a7 -4.29E-02 6.77E-14 8.87E-04

a8 1.46E-04 1.44E-06 3.18E-06

a9 6.30E-04 4.59E-15 5.89E-07

a10 3.14E-02 -1.29E-13 -1.59E-06

a11 4.12E-05 9.58E-07 -1.02E-06

a12 -8.85E-06 -9.85E-09 3.39E-05

a13 1.31E-05 -4.97E-16 1.14E-05

a14 1.18E-05 1.37E-07 2.48E-07

a15 2.42E-04 -5.69E-19 -2.03E-07

a16 9.61E-04 -1.87E-15 -6.69E-05

a17 -6.81E-07 -6.02E-09 -1.38E-09

a18 2.58E-07 -8.53E-18 -6.29E-07

a19 -2.92E-05 -7.30E-17 1.01E-05

a20 -1.65E-03 6.40E-15 -2.53E-05

The computation of power loss for bearing, shaft seal, and oil drag is facili-

tated through the utilization of Equation 6.3. Subsequently, the acquired results are

meticulously compared against the predictions, with the graphical representation be-

ing interpreted in Figure 6.12, 6.13, and 6.14. In these �gures, the R2 values are
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also prominently indicated, serving as a quantitative measure of the goodness of �t

for the data points. This statistical metric aids in assessing the degree of alignment

between the derived correlation and the actual data distribution.

Figure 6.12: Prediction v/s Regression analysis: Bearing power loss

Figure 6.13: Prediction v/s Regression analysis: Shaft seal power loss
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Figure 6.14: Prediction v/s Regression analysis: Oil drag loss

6.4.1 Summary of regression analysis

By employing polynomial regression analysis, a correlation has been formulated to

ascertain the mechanical power loss associated with bearing, seal, and oil drag. This

correlation is established as a function of key parameters, namely compressor size,

tip speed, and pressure ratio. The commendable R2 values attained for the losses

incurred in bearing, seal, and drag substantiate the robust alignment between the

polynomial regression model and the projected outcomes. This derived correlation,

underpinned by polynomial regression, holds the potential for seamless integration

into commercial performance prediction software, thereby facilitating accurate esti-

mations of power loss in real-world scenarios.

6.5 Summary

Experimental validation has been conducted to assess the accuracy of drag loss pre-

diction concerning distinct rotor pro�les and the estimation of total shaft power under

varying sizes and operational conditions. In this pursuit, three novel screw rotor pro-

�les, namely `beta-1', `beta-2', and `beta-3', were conceptualized and manufactured

as derivative designs from the foundational `N' rotor pro�le. These modi�cations

were strategically aimed at inducing alternating increments and reductions in drag

loss within the radial clearance of the compressor. The experimental trials were sys-

tematically undertaken to con�rm the projections derived from the formulated drag

loss model. The screw rotor pro�les in question were integrated within the same
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compressor housing, and a compressor package unit that operated under consistent

working conditions.

The experimental measurements encompassed the recording of volumetric �ow

and shaft power. As anticipated, the shaft power pertaining to the `beta-1' pro�le

exhibited a decrement, while those corresponding to `beta-2' and `beta-3' pro�les

demonstrated increments in relation to the reference `N' rotor pro�le. These obser-

vations aligned with the projected alterations in shaft power, and the quantitative

assessment of this power variation concurred with experimental measurements for

`beta-1', `beta-2', and `beta-3' pro�les. Consequently, grounded in the outcomes of

the experimental validation, it can be inferred that the drag loss prediction model

has been successfully validated for oil-�ooded screw compressors.

Upon incorporation of power loss predictions generated by the proposed method

into adiabatic power computations, a close alignment with experimental measure-

ments and SCORPATH predictions is evident across varying compressor sizes, pres-

sure ratios, and tip speeds. Notably, the disparities between the predictions of the

proposed method and experimental measurements for total shaft power within the

141mm and 231mm compressor sizes, at pressure ratios of 8.5 and 12.5, remain within

a margin of 2.5%. However, there is a slight tendency for underestimation in the

case of the 98mm compressor.

The analysis indicates that a polynomial regression model o�ers the best �t

for the projected outcomes. This correlation holds the potential for extrapolating

predictions pertaining to mechanical power loss attributed to bearing, shaft seal, and

oil drag across diverse compressor sizes, tip speeds, and pressure ratios.

128



Chapter 7

Conclusions and

Recommendations for Future

Work

7.1 Summary of Research

The literature is studied for available mathematical models for the prediction of the

thermodynamic performance of the screw compressors. To design energy-e�cient

machines, the elements of the screw compressor that contribute to the power loss are

identi�ed during the literature review. It is observed that the available mathematical

prediction tools approximate total mechanical power loss. This is based on the

assumption that the mechanical power loss is some percentage of the adiabatic power.

Also, the available tools do not quantify the contribution of the individual elements

to the total power loss. The lack of this information can not lead to optimising the

design of the compressor for a particular application.

A need was identi�ed for a more accurate tool that can predict the mechanical

power loss from the individual components and at the system level of the screw com-

pressor. Once the individual-level contribution of elements to power loss is known for

di�erent operating conditions, the design can be suitably adopted to reduce the power

loss and, ultimately, the compressor's power consumption. This can be achieved at

the design stage and the e�orts and costs involved in not only prototype develop-

ment but also testing and validation of the new designs can be saved. The outcome
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from the analysis would result in energy-e�cient machines and savings in carbon

footprint.

The methods adopted during this study resulted in

� Identi�cation of the elements that contribute to mechanical power loss in the

screw compressor. The elements that are identi�ed are the rolling element bear-

ings, shaft seals, drag loss caused by injected oil within oil-�ooded machines

and losses in the drive system like gears.

� Numerous available power loss prediction methods studied, analysed and com-

pared for suitability in oil-�ooded, twin-screw air compressor application range.

Like the SKF, Harris and Palmgren methods (Harris and Kotzalas, 2007; SKF,

2018) have been reviewed for frictional loss predictions in rolling element bear-

ings. During the prediction comparison and experimental validation (Gradu,

2000; Tu, 2016), it is seen that the Harris model predictions are in better agree-

ment with the experimental observations within the load and speed range of

application for screw compressors under analysis.

� A few of the available methods are studied that predict frictional power loss

in shaft seals. The methods proposed by Engelke (2011) and Frölich et al.

(2014) are referred which are based on combined empirical and semi-analytical

methods for power loss prediction in seals that have been proposed during the

study.

� The drag loss arising due to the injection of oil inside the compressor can

be substantial. The available drag loss predictions are based on computer

computational methods that require longer calculation times and can have

limitations while satisfying the physical laws. The analytical tools presented in

the literature are limited and do not quantify the drag loss arising in di�erent

clearance paths within the compression chamber (Deipenwisch and Kauder,

1999), (Gräÿer and Brümmer, 2014), (Gräÿer and Brümmer, 2014), (Gräÿer

and Brümmer, 2014), (Vasuthevan and Brümmer, 2018). So a simple analytical

model has been developed for the drag loss prediction, which can be used to

understand the e�ects of compression ratio, rotational speed, oil viscosity and

type and magnitude of clearances present within the compressor.

� For the prediction of frictional power loss from gears, the proven method pro-
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posed by Jelaska (2012) is used, and a parametric analysis is presented to

understand the e�ect of torque transmitted, speed and gear ratio on overall

power loss from the gears.

� Finally, experimental validation of the drag loss prediction model is done by de-

signing, manufacturing and testing three di�erent types of screw rotor pro�les.

It is found that the predictions from the drag loss model match very well with

the experimental measurements, and the method can be used in commercial

performance prediction tools for better accuracy.

7.2 Conclusions

Three oil-�ooded, twin-screw compressors for air with a shaft power rating of 15

to 160 kW have been analysed. From the case studies, parametric analyses and

experimental validation following conclusions can be drawn.

� The predictions from the proposed method for total shaft power which is a

sum of adiabatic power and mechanical power losses, when compared with the

experimental measurements for di�erent compressor sizes at di�erent pressure

ratios and tip speeds, match very well within acceptable limits.

� For a direct-drive (without gears), oil-�ooded compressor, bearings are the

biggest contributor to power loss, 8-10% of total shaft power, while oil drag

loss dominates after a certain tip speed (∼40 m/s) and can contribute up to

10% of total shaft power.

� Oil drag loss in the discharge axial clearance is nearly 55% of the total drag

loss, and nearly 43% in the radial clearance, while drag loss due to the interlobe

clearance is very low ∼2%.

� Overall drag loss increases with a reduction in clearances and an increase in oil

viscosity. The �ow in clearance is dominated by Couette �ow. Experimental

validation of the drag loss prediction method shows good agreement with the

experimental measurements.

� The axial load-carrying bearings are the biggest contributors to power loss in

all bearings, while total bearing power loss increases with size, load and speed.
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� The shaft seal power loss contribution is very low. FKM material make shaft

seals exhibit lower power loss than nitrile material make. The power loss in-

creases with shaft diameter and speed and does not show much change with

the surface roughness and oil temperature.

� The gear power loss increases with input power, speed and gear ratio too.

The proposed method and its experimental validation show good agreement with

experimental measurements; hence, this method can be used in commercial screw

compressor performance prediction tools for better accuracy and enhanced capability

in quantifying frictional power losses.

7.3 Future Work

Although the method proposed in this study focuses on frictional power loss arising

inside the bare screw compressor, the study can be extended to electrical systems,

variable frequency drive systems and di�erent torque transmission systems like belt

drive. Once complete, the prediction tool can become a comprehensive calculation

tool for the complete screw compressor system, which consists of an electric motor,

variable frequency drive or torque transmission drives and bare screw compressor.

� Power transmission: The mathematical modelling and experimental validation

of the frictional power loss in the belt drive system can be done where such

systems are used for small shaft power ratings up to 22 kW.

� Electric motors and frequency converters: A basic calculation method can be

formulated for predicting mechanical power loss through the electric motors and

frequency converters. From the literature studied, it is understood that a basic

model for power loss from electric motors can be modelled, but for frequency

converters, because of several converter topologies and di�erent power devices,

it is very challenging to propose a general mathematical model of the converter

providing a high accuracy result.
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Appendix A

SKF Model

Listing A.1: SKF model

1 clear all

2 clc

3 format short

4 % Nomenclature

5 % M total frictional moment

6 % Mrr rolling frictional moment (N=mm)

7 % Msl sliding frictional moment (N=mm)

8 % Mseal frictional moment of seals

9 % Mdrag frictional moment of drag losses, churning, splashing etc.

10 % phi_ish inlet shear heating reduction factor

11 % phi_rs kinematic replenishment/starvation reduction factor

12 % Grr variable

13 % n rotational speed (rpm)

14 % v actual operating viscosity of the oil or base oil of the grease (mm2/s)

15 % Brg_d bearing bore diameter (mm)

16 % Brg_D bearing outside diameter (mm)

17 % Brg_dm bearing mean diameter (m)

18 % Brg_B bearing width

19 % Co basic static load rating of bearing (kN)

20 % Krs replenishment/starvation constant

21 % Kz bearing type related geometric constant

22 % Kl roller bearing type related geometric constant

23 % e base of natural logarithm

24 % Fa axial force (N)

25 % Fr radial force (N)

26 % R geometric constants

27 % S geometric constants

28 % Y axial load factor

29 % Gsl variable

30 % mu_sl sliding friction coefficient

31 % phi_bl weighting factor for the sliding friction coefficient

32 % mu_bl coefficient depending on the additive package in the lubricant

33 % mu_EHL sliding friction coefficient in full=film conditions

34 % VM drag loss factor

35 % H oil level

36 % irw number of ball rows

37 % H oil level

38

39 %**********LIMITATIONS OF THE MODEL************

40 % Grease lubrication: Only steady state conditions

41 % Lithium soap grease with mineral oil
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42 % Bearing free volume filled approximately 30%

43 % Ambient temperature 20 degC or higher

44 % Oil lubrication: Oil bath, oil=air or oil jet

45 % Viscosity range from 2 to 500 mm2/s

46 % Loads equal to or larger than the recommended minimum load

47 % Constants loads in magnitude and direction

48 % Noraml operating clearance

49 % Constant speed, below the speed ratings

50 % Bearing does not exceed the limits of misalignment

51

52 n=input('Enter speed (rpm):');

53 v = input('Enter ISO VG viscosity of oil or base oil of the grease (mm2/s):');

54 % t=input('Enter operating temperature (degC):');

55 % to1=20;

56 % function nu=oil(nu_to,t)

57 % rho_to=0.8455;

58 % rho_t=rho_to=(t=40)*0.00065

59 % K=0.06;

60 % b=1344.2;

61 % c=153.75;

62 % mu_t=14.898;

63 % mu_T=K*exp(b/(T+c))

64 % nu=mu_t/rho_t

65 % end

66 % nu_t=oil(nu_to,t)

67 Fa = input('Please enter axial load on bearing (N):');

68 Fr = input('Please enter radial load on bearing (N):');

69 Co = input('Please enter bearing basic static load rating (N):');

70 Y = input('Please enter axial load factor:');

71 Oil_type=input(['Type of oil'...

72 '\n1.Mineral oil'...

73 '\n2.Synthetic oil'...

74 '\n3.Transmission fluids'...

75 '\nYour choice:']);

76 Krs = input(['Lubrication'...

77 '\n1.Low level oil bath and oil jet lubrication;'...

78 '\n2.Grease and oil=air lubrication'...

79 '\nYour choice:']);

80 if Krs==1

81 Krs=3e=8;

82 else if Krs==2

83 Krs=6e=8;

84 end

85 end

86 Brg_type=input(['Type of bearing:'...

87 '\n1.Deep groove ball bearing_single row'...

88 '\n2.Deep groove ball bearing_double row'...

89 '\n3.Angular contact ball bearing_single row'...

90 '\n4.Angular contact ball bearing_double row'...

91 '\n5.Angular contact ball bearing_four point contact'...

92 '\n6.Self=aligning ball bearings'...

93 '\n7.Cylindrical roller bearings_with a cage'...

94 '\n8.Cylindrical roller bearings_full complement'...

95 '\n9.Tapered roller bearing'...

96 '\n10.Spherical roller bearing'...

97 '\n11.Thrust ball bearing'...

98 '\n12.Cylindrical roller thrust bearing'...

99 '\n13.Spherical roller thrust bearing'...

100 '\nYour choice:']);
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101 if Brg_type==1%Deep groove ball bearing_single row

102 Kz=3.1; irw=1;

103 elseif Brg_type==2%Deep groove ball bearing_double row

104 Kz=3.1; irw=2;

105 elseif Brg_type==3%Angular contact ball bearing_single row

106 Kz=4.4; irw=1;

107 elseif Brg_type==4%Angular contact ball bearing_double row

108 Kz=3.1; irw=2;

109 elseif Brg_type==5%Angular contact ball bearing_four point contact

110 Kz=3.1; irw=1;

111 elseif Brg_type==6%Self=aligning ball bearings

112 Kz=4.8; irw=1;

113 elseif Brg_type==7%Cylindrical roller bearings_with a cage

114 Kz=5.1; Kl=0.65;

115 elseif Brg_type==8%Cylindrical roller bearings_full complement

116 Kz=6.2; Kl=0.7;

117 elseif Brg_type==9%Tapered roller bearing

118 Kz=6; Kl=0.7;

119 elseif Brg_type==10%Spherical roller bearing

120 Kz=5.5; Kl=0.8;

121 elseif Brg_type==11%Thrust ball bearing

122 Kz=3.8; irw=1;

123 elseif Brg_type==12%Cylindrical roller thrust bearing

124 Kz=4.4; Kl=0.43;

125 elseif Brg_type==13%Spherical roller thrust bearing

126 Kz=5.6; Kl=0.58;

127 end

128 %Bearing geomtrical dimensions

129 Brg_d = input('Please enter bearing bore diameter (mm):');

130 Brg_D = input('Please enter bearing outside diameter (mm):');

131 Brg_dm = 0.5*(Brg_d+Brg_D);

132 if Brg_type==9

133 Brg_B=input('Enter bearing width (mm): ');

134 elseif Brg_type==11

135 Brg_B=input('Enter bearing height (mm): ');

136 else Brg_B=input('Enter bearing width (mm): ');

137 end

138 H=input('Please enter height of oil bath (mm):');

139 e=2.718;

140 Brg_aplhaF=24.6*(Fa/Co)^0.24;

141 if Brg_type==1 || Brg_type==2

142 temp=input(['Bearing series:'...

143 '\n1.2, 3'...

144 '\n2.42, 43'...

145 '\n3.60, 630'...

146 '\n4.62, 622'...

147 '\n5.63, 623'...

148 '\n6.64'...

149 '\n7.160, 161'...

150 '\n8.617, 618, 628, 637, 638'...

151 '\n9.619, 639'...

152 '\nYour choice:']);

153 if temp==1

154 R1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','C2');

155 R2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','D2');

156 S1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','F2');

157 S2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','G2');

158 elseif temp==2

159 R1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','C3');
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160 R2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','D3');

161 S1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','F3');

162 S2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','G3');

163 elseif temp==3

164 R1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','C4');

165 R2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','D4');

166 S1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','F4');

167 S2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','G4');

168 elseif temp==4

169 R1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','C5');

170 R2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','D5');

171 S1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','F5');

172 S2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','G5');

173 elseif temp==5

174 R1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','C6');

175 R2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','D6');

176 S1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','F6');

177 S2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','G6');

178 elseif temp==6

179 R1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','C7');

180 R2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','D7');

181 S1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','F7');

182 S2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','G7');

183 elseif temp==7

184 R1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','C8');

185 R2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','D8');

186 S1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','F8');

187 S2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','G8');

188 elseif temp==8

189 R1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','C9');

190 R2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','D9');

191 S1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','F9');

192 S2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','G9');

193 elseif temp==9

194 R1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','C10');

195 R2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','D10');

196 S1=xlsread('Geometric constants.xlsx','Deep groove ball bearing','F10');

197 S2=xlsread('Geometric constants.xlsx','Deep groove ball bearing','G10');

198 end

199 elseif Brg_type==3

200 temp=input(['Bearing series:'...

201 '\n1.72xx BECBP'...

202 '\n2.73xx BECBP'...

203 '\n3.72xx ACCBM'...

204 '\n4.73xx ACCBM'...

205 '\nYour choice:']);

206 if temp==1

207 R1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','C2');

208 R2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','D2');

209 R3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','E2');

210 S1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','G2');

211 S2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','H2');

212 S3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','I2');

213 elseif temp==2

214 R1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','C3');

215 R2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','D3');

216 R3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','E3');

217 S1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','G3');

218 S2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','H3');
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219 S3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','I3');

220 elseif temp==3

221 R1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','C4');

222 R2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','D4');

223 R3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','E4');

224 S1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','G4');

225 S2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','H4');

226 S3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','I4');

227 elseif temp==4

228 R1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','C5');

229 R2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','D5');

230 R3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','E5');

231 S1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','G5');

232 S2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','H5');

233 S3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','I5');

234 end

235 elseif Brg_type==4

236 temp=input(['Bearing series:'...

237 '\n1.32xxA'...

238 '\n2.33xxA'...

239 '\nYour choice:']);

240 if temp==1

241 R1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','C6');

242 R2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','D6');

243 R3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','E6');

244 S1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','G6');

245 S2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','H6');

246 S3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','I6');

247 elseif temp==2

248 R1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','C7');

249 R2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','D7');

250 R3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','E7');

251 S1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','G7');

252 S2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','H7');

253 S3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','I7');

254 end

255 elseif Brg_type==5

256 R1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','C8');

257 R2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','D8');

258 R3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','E8');

259 S1=xlsread('Geometric constants.xlsx','Angular contact ball bearing','G8');

260 S2=xlsread('Geometric constants.xlsx','Angular contact ball bearing','H8');

261 S3=xlsread('Geometric constants.xlsx','Angular contact ball bearing','I8');

262 elseif Brg_type==6

263 temp=input(['Bearing series:'...

264 '\n1.12'...

265 '\n2.13'...

266 '\n3.22'...

267 '\n4.23'...

268 '\n5.112'...

269 '\n6.130'...

270 '\n7.139'...

271 '\nYour choice:']);

272 if temp==1

273 R1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','C2');

274 R2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','D2');

275 R3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','E2');

276 S1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','G2');

277 S2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','H2');
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278 S3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','I2');

279 elseif temp==2

280 R1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','C3');

281 R2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','D3');

282 R3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','E3');

283 S1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','G3');

284 S2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','H3');

285 S3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','I3');

286 elseif temp==3

287 R1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','C4');

288 R2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','D4');

289 R3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','E4');

290 S1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','G4');

291 S2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','H4');

292 S3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','I4');

293 elseif temp==4

294 R1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','C5');

295 R2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','D5');

296 R3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','E5');

297 S1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','G5');

298 S2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','H5');

299 S3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','I5');

300 elseif temp==5

301 R1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','C6');

302 R2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','D6');

303 R3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','E6');

304 S1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','G6');

305 S2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','H6');

306 S3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','I6');

307 elseif temp==6

308 R1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','C7');

309 R2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','D7');

310 R3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','E7');

311 S1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','G7');

312 S2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','H7');

313 S3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','I7');

314 elseif temp==7

315 R1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','C8');

316 R2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','D8');

317 R3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','E8');

318 S1=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','G8');

319 S2=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','H8');

320 S3=xlsread('Geometric constants.xlsx','Self=aligning ball bearing','I8');

321 end

322 elseif Brg_type==7

323 temp=input(['Bearing series:'...

324 '\nBearing with cage of the N, NU, NJ or NUP design'...

325 '\n1.2, 3'...

326 '\n2.4'...

327 '\n3.10'...

328 '\n4.12, 20'...

329 '\n5.22'...

330 '\n6.23'...

331 '\nHigh capacity bearings with cage of the NCF..ECJB, RN.ECJB, NJF..ECJA, RNU..ECJA or

NUH..ECMH design'...

332 '\n7.22'...

333 '\n8.23'...

334 '\nYour choice:']);

335 if temp==1
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336 R1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','C2');

337 S1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','E2');

338 S2=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','F2');

339 elseif temp==2

340 R1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','C3');

341 S1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','E3');

342 S2=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','F3');

343 elseif temp==3

344 R1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','C4');

345 S1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','E4');

346 S2=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','F4');

347 elseif temp==4

348 R1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','C5');

349 S1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','E5');

350 S2=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','F5');

351 elseif temp==5

352 R1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','C6');

353 S1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','E6');

354 S2=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','F6');

355 elseif temp==6

356 R1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','C7');

357 S1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','E7');

358 S2=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','F7');

359 elseif temp==7

360 R1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','C8');

361 S1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','E8');

362 S2=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','F8');

363 elseif temp==8

364 R1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','C9');

365 S1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','E9');

366 S2=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','F9');

367 end

368 elseif Brg_type==8

369 R1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','C10');

370 S1=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','E10');

371 S2=xlsread('Geometric constants.xlsx','Cylindrical roller bearing','F10');

372 elseif Brg_type==9

373 temp=input(['Bearing series:'...

374 '\n1.302'...

375 '\n2.303'...

376 '\n3.313(X)'...

377 '\n4.320(X)'...

378 '\n5.322'...

379 '\n6.322B'...

380 '\n7.323'...

381 '\n8.323B'...

382 '\n9.329'...

383 '\n10.330'...

384 '\n11.331'...

385 '\n12.332'...

386 '\n13.LL'...

387 '\n14.L'...

388 '\n15.LM'...

389 '\n16.M'...

390 '\n17.HM'...

391 '\n18.H'...

392 '\n19.HH'...

393 '\n20.ALL OTHER'...

394 '\nYour choice:']);
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395 if temp==1

396 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C2');

397 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D2');

398 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F2');

399 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G2');

400 elseif temp==2

401 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C3');

402 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D3');

403 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F3');

404 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G3');

405 elseif temp==3

406 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C4');

407 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D4');

408 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F4');

409 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G4');

410 elseif temp==4

411 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C5');

412 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D5');

413 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F5');

414 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G5');

415 elseif temp==5

416 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C6');

417 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D6');

418 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F6');

419 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G6');

420 elseif temp==6

421 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C7');

422 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D7');

423 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F7');

424 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G7');

425 elseif temp==7

426 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C8');

427 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D8');

428 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F8');

429 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G8');

430 elseif temp==8

431 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C9');

432 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D9');

433 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F9');

434 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G9');

435 elseif temp==9

436 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C10');

437 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D10');

438 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F10');

439 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G10');

440 elseif temp==10

441 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C11');

442 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D11');

443 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F11');

444 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G11');

445 elseif temp==11

446 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C12');

447 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D12');

448 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F12');

449 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G12');

450 elseif temp==12

451 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C13');

452 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D13');

453 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F13');
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454 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G13');

455 elseif temp==13

456 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C14');

457 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D14');

458 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F14');

459 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G14');

460 elseif temp==14

461 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C15');

462 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D15');

463 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F15');

464 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G15');

465 elseif temp==15

466 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C16');

467 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D16');

468 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F16');

469 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G16');

470 elseif temp==16

471 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C17');

472 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D17');

473 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F17');

474 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G17');

475 elseif temp==17

476 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C18');

477 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D18');

478 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F18');

479 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G18');

480 elseif temp==18

481 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C19');

482 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D19');

483 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F19');

484 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G19');

485 elseif temp==19

486 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C20');

487 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D20');

488 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F20');

489 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G20');

490 elseif temp==20

491 R1=xlsread('Geometric constants.xlsx','Tapered roller bearing','C21');

492 R2=xlsread('Geometric constants.xlsx','Tapered roller bearing','D21');

493 S1=xlsread('Geometric constants.xlsx','Tapered roller bearing','F21');

494 S2=xlsread('Geometric constants.xlsx','Tapered roller bearing','G21');

495 end

496 elseif Brg_type==10

497 temp=input(['Bearing series:'...

498 '\n1.213 E, 222 E'...

499 '\n2.222'...

500 '\n3.223'...

501 '\n4.223 E'...

502 '\n5.230'...

503 '\n6.231'...

504 '\n7.232'...

505 '\n8.238'...

506 '\n9.239'...

507 '\n10.240'...

508 '\n11.241'...

509 '\n12.248'...

510 '\n13.249'...

511 '\nYour choice:']);

512 if temp==1
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513 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C2');

514 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D2');

515 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E2');

516 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F2');

517 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G2');

518 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H2');

519 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I2');

520 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J2');

521 elseif temp==2

522 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C3');

523 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D3');

524 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E3');

525 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F3');

526 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G3');

527 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H3');

528 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I3');

529 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J3');

530 elseif temp==3

531 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C4');

532 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D4');

533 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E4');

534 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F4');

535 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G4');

536 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H4');

537 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I4');

538 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J4');

539 elseif temp==4

540 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C5');

541 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D5');

542 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E5');

543 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F5');

544 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G5');

545 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H5');

546 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I5');

547 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J5');

548 elseif temp==5

549 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C6');

550 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D6');

551 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E6');

552 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F6');

553 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G6');

554 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H6');

555 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I6');

556 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J6');

557 elseif temp==6

558 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C7');

559 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D7');

560 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E7');

561 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F7');

562 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G7');

563 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H7');

564 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I7');

565 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J7');

566 elseif temp==7

567 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C8');

568 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D8');

569 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E8');

570 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F8');

571 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G8');
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572 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H8');

573 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I8');

574 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J8');

575 elseif temp==8

576 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C9');

577 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D9');

578 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E9');

579 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F9');

580 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G9');

581 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H9');

582 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I9');

583 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J9');

584 elseif temp==9

585 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C10');

586 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D10');

587 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E10');

588 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F10');

589 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G10');

590 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H10');

591 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I10');

592 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J10');

593 elseif temp==10

594 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C11');

595 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D11');

596 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E11');

597 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F11');

598 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G11');

599 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H11');

600 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I11');

601 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J11');

602 elseif temp==11

603 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C12');

604 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D12');

605 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E12');

606 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F12');

607 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G12');

608 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H12');

609 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I12');

610 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J12');

611 elseif temp==12

612 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C13');

613 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D13');

614 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E13');

615 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F13');

616 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G13');

617 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H13');

618 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I13');

619 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J13');

620 elseif temp==13

621 R1=xlsread('Geometric constants.xlsx','Spherical roller bearing','C14');

622 R2=xlsread('Geometric constants.xlsx','Spherical roller bearing','D14');

623 R3=xlsread('Geometric constants.xlsx','Spherical roller bearing','E14');

624 R4=xlsread('Geometric constants.xlsx','Spherical roller bearing','F14');

625 S1=xlsread('Geometric constants.xlsx','Spherical roller bearing','G14');

626 S2=xlsread('Geometric constants.xlsx','Spherical roller bearing','H14');

627 S3=xlsread('Geometric constants.xlsx','Spherical roller bearing','I14');

628 S4=xlsread('Geometric constants.xlsx','Spherical roller bearing','J14');

629 end

630 elseif Brg_type==11
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631 R1=1.03e=6; S1=1.6e=2;

632 elseif Brg_type==12

633 R1=2.25e=6; S1=0.154;

634 elseif Brg_type==13

635 temp=input(['Bearing series:'...

636 '\n1.292'...

637 '\n2.292 E'...

638 '\n3.293'...

639 '\n4.293 E'...

640 '\n5.294 E'...

641 '\nYour choice:']);

642 if temp==1

643 R1=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','C2');

644 R2=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','D2');

645 R3=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','E2');

646 R4=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','F2');

647 S1=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','G2');

648 S2=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','H2');

649 S3=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','I2');

650 S4=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','J2');

651 S5=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','K2');

652 elseif temp==2

653 R1=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','C3');

654 R2=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','D3');

655 R3=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','E3');

656 R4=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','F3');

657 S1=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','G3');

658 S2=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','H3');

659 S3=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','I3');

660 S4=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','J3');

661 S5=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','K3');

662 elseif temp==3

663 R1=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','C4');

664 R2=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','D4');

665 R3=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','E4');

666 R4=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','F4');

667 S1=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','G4');

668 S2=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','H4');

669 S3=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','I4');

670 S4=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','J4');

671 S5=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','K4');

672 elseif temp==4

673 R1=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','C5');

674 R2=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','D5');

675 R3=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','E5');

676 R4=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','F5');

677 S1=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','G5');

678 S2=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','H5');

679 S3=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','I5');

680 S4=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','J5');

681 S5=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','K5');

682 elseif temp==5

683 R1=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','C6');

684 R2=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','D6');

685 R3=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','E6');

686 R4=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','F6');

687 S1=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','G6');

688 S2=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','H6');

689 S3=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','I6');
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690 S4=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','J6');

691 S5=xlsread('Geometric constants.xlsx','Spherical roller thrust bearing','K6');

692 end

693 end

694 for i=1:1:31

695 n(i)=n(i)+500;

696 % Calculation for Mrr starts here

697 phi_ish(i)=1/(1+1.84e=9*(n(i)*Brg_dm)^1.28*v^0.64);

698 phi_rs(i)=1/e^(Krs*v*n(i)*(Brg_d+Brg_D)*sqrt(Kz/(2*(Brg_D=Brg_d))));

699

700 if Brg_type==1 && Fa==0 || Brg_type==2 && Fa==0

701 Grr=R1*Brg_dm^1.96*Fr^0.54; Gsl(i)=S1*Brg_dm^=0.26*Fr^(5/3);

702 elseif Brg_type==1 && Fa>0 || Brg_type==2 && Fa>0

703 Grr=R1*Brg_dm^1.96*(Fr+(R2*Fa/sind(Brg_aplhaF)))^0.54; Gsl(i)=S1*Brg_dm^=0.145*(Fr^5+(S2*

Brg_dm^1.5*Fa^4/sind(Brg_aplhaF)))^(1/3);

704 elseif Brg_type==3 || Brg_type==4 || Brg_type==5

705 FgR(i)=R3*Brg_dm^4*n(i)^2; FgS(i)=S3*Brg_dm^4*n(i)^2;

706 Grr=R1*Brg_dm^1.97*(Fr+FgR(i)+R2*Fa)^0.54; Gsl(i)=S1*Brg_dm^0.26*((Fr+FgS(i))^(4/3)+S2*Fa

^(4/3));

707 elseif Brg_type==6

708 FgR(i)=R3*Brg_dm^3.5*n(i)^2; FgS(i)=S3*Brg_dm^3.5*n(i)^2;

709 Grr=R1*Brg_dm^2*(Fr+FgR(i)+R2*Fa)^0.54; Gsl(i)=S1*Brg_dm^=0.12*((Fr+FgS(i))^(4/3)+S2*Fa^(4/3)

);

710 elseif Brg_type==7 || Brg_type==8

711 Grr=R1*Brg_dm^2.41*Fr^0.31; Gsl(i)=S1*Brg_dm^0.9*Fa+S2*Brg_dm*Fr;

712 elseif Brg_type==9

713 Grr=R1*Brg_dm^2.38*(Fr+R2*Y*Fa)^0.31; Gsl(i)=S1*Brg_dm^0.82*(Fr+S2*Y*Fa);

714 elseif Brg_type==10

715 Grr_e=R1*Brg_dm^1.85*(Fr+R2*Fa)^0.54; Gsl_e=S1*Brg_dm^0.25*(Fr^4+S2*Fa^4)^(1/3);

716 Grr_l=R3*Brg_dm^2.3*(Fr+R4*Fa)^0.31; Gsl_l=S3*Brg_dm^0.94*(Fr^3+S4*Fa^3)^(1/3);

717 Grr=min(Grr_e,Grr_l); Gsl(i)=min(Gsl_e,Gsl_l);

718 elseif Brg_type==11

719 Grr=R1*Brg_dm^1.83*Fa^0.54; Gsl(i)=S1*Brg_dm^0.05*Fa^(4/3);

720 elseif Brg_type==12

721 Grr=R1*Brg_dm^2.38*Fa^0.31; Gsl(i)=S1*Brg_dm^0.62*Fa;

722 elseif Brg_type==13

723 Grr_e=R1*Brg_dm^1.96*(Fr+R2*Fa)^0.54; Gsl_e=S1*Brg_dm^=0.35*(Fr^(5/3)+S2*Fa^(5/3));

724 Grr_l=R3*Brg_dm^2.39*(Fr+R4*Fa)^0.31; Gsl_l=S3*Brg_dm^0.89*(Fr+Fa);

725 Grr=min(Grr_e,Grr_l); Gsr=min(Gsl_e,Gsl_l); Gf=S4*Brg_dm^0.76*(Fr+S5*Fa); Gsl(i)=Gsr+Gf/(e^1e

=6*(n(i)*v)^1.4*Brg_dm);

726 end

727 Mrr(i)=phi_ish(i)*phi_rs(i)*Grr*(v*n(i))^0.6;

728 % Calculation for Mrr ends here

729

730 % Calculation for Msl starts here

731 phi_bl(i)=1/(e^(2.6e=8*(n(i)*v)^1.4*Brg_dm));

732 if Brg_type==7 || Brg_type==8

733 mu_EHL=0.02;

734 elseif Brg_type==9

735 mu_EHL=0.002;

736 elseif Oil_type==1

737 mu_EHL=0.05;

738 elseif Oil_type==2

739 mu_EHL=0.04;

740 elseif Oil_type==3

741 mu_EHL=0.1;

742 end

743 mu_bl=0.15;

744 mu_sl=phi_bl(i)*mu_bl+(1=phi_bl(i))*mu_EHL;
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745 Msl(i)=Gsl(i)*mu_sl;

746 % Calculation for Msl ends here

747

748 % Calculation for Mdrag starts here

749 fA=0.05*Kz*(Brg_d+Brg_D)/(Brg_D=Brg_d);

750 if H>1.2*Brg_dm

751 H=1.2*Brg_dm;

752 end

753 t=(2*acos((0.6*Brg_dm=H)/(0.6*Brg_dm)));

754 Rs=0.36*Brg_dm^2*((t)=sind(radtodeg(t)))*fA;

755 if t>=0 && t<=pi()

756 ft=sind(0.5*radtodeg(t));

757 elseif t>pi() && t<(2*pi())

758 ft=1;

759 end

760 if Brg_type==1 || Brg_type==2 || Brg_type==3 || Brg_type==4 || Brg_type==5 || Brg_type==6 ||

Brg_type==11%ball bearings

761 VM=(=1.318*(H/Brg_dm)^6+1.597*(H/Brg_dm)^5+4.122*(H/Brg_dm)^4=7.761*(H/Brg_dm)^3+3.515*(H/

Brg_dm)^2+0.811*(H/Brg_dm)=0.021)/1000;

762 % VM=0.00004;

763 Kball=irw*Kz*(Brg_d+Brg_D)*1e=12/(Brg_D=Brg_d);

764 Mdrag(i)=0.4*VM*Kball*Brg_dm^5*n(i)^2+1.093e=7*n(i)^2*Brg_dm^3*(n(i)*Brg_dm^2*ft/v)^=1.379*Rs

;

765 else%roller bearings

766 VM=(1.518*(H/Brg_dm)^6=8.464*(H/Brg_dm)^5+16.22*(H/Brg_dm)^4=13.16*(H/Brg_dm)^3+3.887*(H/

Brg_dm)^2+1.203*(H/Brg_dm)=0.009)/1000;

767 % VM=0.00003;

768 lD=5*Kl*Brg_B/Brg_dm;

769 Cw=2.789e=10*lD^3=2.786e=4*lD^2+0.0195*lD+0.6439;

770 Kroll=Kl*Kz*(Brg_d+Brg_D)*1e=12/(Brg_D=Brg_d);

771 Mdrag(i)=4*VM*Kroll*Cw*Brg_B*Brg_dm^4*n(i)^2+1.093e=7*n(i)^2*Brg_dm^3*(n(i)*Brg_dm^2*ft/v)

^=1.379*Rs;

772 end

773 % Calculation for Mdrag ends here

774

775 % Calculation for M and power loss starts here

776 % M(i)=Mrr(i)+Msl(i)+Mdrag(i);

777 Mind(i)=Mdrag(i)*1e=3;%Unit Nm

778 Mdep(i)=(Mrr(i)+Msl(i))*1e=3;%Unit Nm

779 M(i)=Mdep(i)+Mind(i);%Unit Nm

780 Ploss(i)=1.05e=4*M(i)*1e3*n(i);%Unit W

781 % Calculation for M and power loss ends here

782 %plot(n(1:i),M(1:i),'=k*');

783 %plot(n(1:i),Ploss(1:i),'=go');

784 % plot(n(1:i),Mind(1:i),'=b+',n(1:i),Mdep(1:i),'m',n(1:i),M(1:i),'=go');

785 % plot(n(1:i),Mind(1:i),'m',n(1:i),Mdep(1:i),'=go',n(1:i),M(i),'=b+');

786 % plot(n(1:i),Mrr(1:i),'=r*',n(1:i),Msl(1:i),'=b+',n(1:i),Mdrag(1:i),'=go');

787 % legend('Rolling friction','Sliding friction','Drag friction');

788 % title('Female=Axial=Discharge');

789 %hold on;

790 %xlabel('Speed (rpm)'); ylabel('Frictional moment (Nm)');

791 %grid on

792 n(i+1)=n(i);

793 %hold off;

794 end
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Appendix B

Palmgren Model

Listing B.1: Palmgren model

1 clear all

2 clc

3 Lubrication_type=input(['Type of lubrication:'...

4 '\n1.Grease'...

5 '\n2.Oil'...

6 '\nYour choice:']);

7 p=input ('Enter pressure (kg/mm2):');%0.01033;

8 v=input('Enter ISO VG viscosity of oil or base oil of the grease@40degC (cSt or mm2/s):');%68;

9 Fa=input('Please enter axial load on bearing (N):');

10 Fr=input('Please enter radial load on bearing (N):');

11 X=input('Enter radial load factor:');

12 Y=input('Enter axial load factor:');

13 Cs=input('Please enter bearing basic static load rating (N):');

14 d=input('Please enter bearing bore diameter (mm):');

15 D=input('Please enter bearing outside diameter (mm):');

16 dm=0.5*(d+D);

17 alpha=input('Enter bearing contact angle, alpha (degrees):');

18 rho=input('Enter oil density (g/ml):');

19 eta=v*rho;%dynamic viscosity in mPa.s

20 %Average values of factors from Palmgren model

21 fo=2.5;

22 f1=0.000275;

23 n=2400=50;

24 %Load independent friction torque

25 for i=1:1:70

26 n(i)=n(i)+50;

27 w(i)=2*pi()*n(i)/60;

28 if Lubrication_type==2 %Oil lubrication

29 if (eta*w(i)/p)<2e=6

30 M_0(i)=1.5572e=6*fo*p*dm^3

31 elseif (eta*w(i)/p)>=2e=6

32 M_0(i)=9.81e=10*fo*p*dm^3*((eta*w(i))/p)^(2/3);

33 end

34 elseif Lubrication_type==1 && v*n(i)>=2000 %Grease lubrication

35 M_0(i)=fo*9.81e=11*(v*n(i))^(2/3)*dm^3;

36 end

37 n(i+1)=n(i);

38 %Load dependent friction torque

39 g1P0=max(0.8*Fa*cot(degtorad(alpha)),Fr);

40 M_l=0.00098*f1*g1P0*dm;

41 %Total friction torque
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42 M_total(i)=M_0(i)+M_l;

43 %Total frictional power loss

44 n;

45 Ploss(i)=((2*pi()/60)*M_total(i)*n(i));

46 %Plotting values

47 % figure(1);

48 % plot(n(1:i),M_total(1:i),'r:');

49 % hold on;

50 % xlabel('Speed (rpm)')

51 % ylabel('Frictional moment (N=m)')

52 % title('Total Frictional Moment against Speed')

53 % grid on

54 n(i+1)=n(i);

55 % hold off;

56 % figure(2)

57 % plot(n(1:i),Ploss(1:i),'b=');

58 % hold on;

59 % xlabel('Speed (rpm)')

60 % ylabel('Frictional Power Loss (W)')

61 % title('Total Frictional Power loss against speed')

62 % grid on

63 % n(i+1)=n(i);

64 % hold off;

65 end

66 M_0(1);

67 M_l;

68 Ploss(1)
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Appendix C

Harris Model

Listing C.1: Harris model

1 clear all

2 clc

3 format short

4 % Nomenclature

5 % B bearing width, mm

6 % Cs Bearing static load rating, N

7 % dm Bearing pitch/mean diameter, mm

8 % d Bearing bore diameter, mm

9 % D Bearing outside diameter, mm

10 % Fs Bearing static equivalent load, N

11 % fo Factor depending on the type of bearing and the method of lubrication

12 % f1 Factor depending on the bearing design and relative bearing load

13 % Fbeta Factor depending on the magnitude and direction of applied load

14 % H Frictional power loss, W

15 % M Bearing friction torque, N=mm

16 % Mf Bearing friction torque due to rolle rend=flange load, N=mm

17 % Ml Bearing friction torque due to load, N=mm

18 % Mv Bearing friction torque due to lubrication, N=mm

19 % n Rotational speed, rpm

20 % aplha Contact angle, rad,degree

21 % vo Lubricant kinematic viscosity, centistokes

22 % w Rotational speed, rad/s

23 Bearing_type=input(['Select Bearing_type of bearing:'...

24 '\n1.Ball bearing'...

25 '\n2.Roller bearing'...

26 '\nYour choice:']);

27 n=input('Enter bearing speed (rpm):');

28 n=n=1000;

29 d=input('Enter bearing bore diameter (mm):');

30 D=input('Enter bearing outside diameter (mm):');

31 dm=0.5*(d+D);

32 Cs=input('Enter bearing static load rating (N):');

33 Fr=input('Enter radial load on bearing (N):');

34 Fa=input('Enter axial load on bearing (N):');

35 if Bearing_type==2

36 X=1;Y=0;alpha=0;

37 else X=0.35;Y=0.57;1.07;alpha=40;

38 end

39 X=input('Enter radial load factor:');

40 Y=input('Enter axial load factor:');

41 alpha=input('Enter bearing contact angle, alpha (degrees):');
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42 Fs=X*Fr+Y*Fa;

43 vo=input('Enter lubricant kinematic viscosity (cSt):');

44 Lubrication_type=4;

45 Lubrication_type=input(['Type of lubrication:'...

46 '\n1.Grease'...

47 '\n2.Oil mist'...

48 '\n3.Oil bath'...

49 '\n4.Oil bath (vertical shaft) or Oil jet'...

50 '\nYour choice:']);

51 if Bearing_type==1

52 Ball_type=input(['Ball bearing type:'...

53 '\n1.Radial deep=grove'...

54 '\n2.Angular=contact'...

55 '\n3.Thrust'...

56 '\n4.Double=row, self aligning'...

57 '\nYour choice:']);

58 if Ball_type==1 %Radial deep=grove

59 z=(0.0004+0.0006)/2; y=0.55;

60 Fbeta=3*Fa=0.1*Fr;

61 if Lubrication_type==1 %Grease

62 fo=(0.7+2)/2;

63 elseif Lubrication_type==2 %Oil mist

64 fo=1;

65 elseif Lubrication_type==3 %Oil bath

66 fo=2;

67 elseif Lubrication_type==4 %Oil bath (vertical shaft) or Oil jet

68 fo=4;

69 end

70 elseif Ball_type==2 %Angular=contact

71 z=0.001; y=0.33;

72 Fbeta1=0.9*Fa*atand(alpha)=0.1*Fr; Fbeta2=Fr;

73 Fbeta=max(Fbeta1,Fbeta2);

74 if Lubrication_type==1 %Grease

75 fo=2;

76 elseif Lubrication_type==2 %Oil mist

77 fo=1.7;

78 elseif Lubrication_type==3 %Oil bath

79 fo=3.3;

80 elseif Lubrication_type==4 %Oil bath (vertical shaft) or Oil jet

81 fo=6.6;

82 end

83 elseif Ball_type==3 %Thrust

84 z=0.0008; y=0.33;

85 Fbeta=Fa;

86 if Lubrication_type==1 %Grease

87 fo=5.5;

88 elseif Lubrication_type==2 %Oil mist

89 fo=0.8;

90 elseif Lubrication_type==3 %Oil bath

91 fo=1.5;

92 elseif Lubrication_type==4 %Oil bath (vertical shaft) or Oil jet

93 fo=3;

94 end

95 elseif Ball_type==4 %Double=row, self aligning

96 z=0.0003; y=0.4;

97 Fbeta1=0.9*Fa*atand(alpha)=0.1*Fr; Fbeta2=Fr;

98 Fbeta=max(Fbeta1,Fbeta2);

99 if Lubrication_type==1 %Grease

100 fo=(1.5+2)/2;
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101 elseif Lubrication_type==2 %Oil mist

102 fo=(0.7+1)/2;

103 elseif Lubrication_type==3 %Oil bath

104 fo=(1.5+2)/2;

105 elseif Lubrication_type==4 %Oil bath (vertical shaft) or Oil jet

106 fo=(3+4)/2;

107 end

108 end

109 elseif Bearing_type==2

110 Roller_type=input(['Roller bearing type:'...

111 '\n1.Cylindrical roller with cage'...

112 '\n2.Cylindrical roller with full complement'...

113 '\n3.Thrust cylindrical roller'...

114 '\nYour choice:']);

115 if Roller_type==1 %Cylindrical roller with cage

116 f1=0.0003;

117 Fbeta1=0.8*Fa*atand(alpha); Fbeta2=Fr;

118 Fbeta=max(Fbeta1,Fbeta2);

119 if Lubrication_type==1 %Grease

120 fo=(0.6+1)/2;

121 ff=(0.003+0.009)/2;

122 elseif Lubrication_type==2 %Oil mist

123 fo=(1.5+2.8)/2;

124 ff=(0.002+0.006)/2;

125 elseif Lubrication_type==3 %Oil bath

126 fo=(2.2+4)/2;

127 ff=(0.002+0.006)/2;

128 elseif Lubrication_type==4 %Oil bath (vertical shaft) or Oil jet

129 fo=(2.2+4)/2;

130 ff=(0.002+0.006)/2;

131 end

132 elseif Roller_type==2 %Cylindrical roller with full complement

133 f1=0.00055;

134 Fbeta1=0.8*Fa*atand(alpha); Fbeta2=Fr;

135 Fbeta=max(Fbeta1,Fbeta2);

136 if Lubrication_type==1 %Grease

137 fo=(5+10)/2;

138 ff=(0.006+0.015)/2;

139 elseif Lubrication_type==2 %Oil mist

140 fo=0;

141 ff=(0.003+0.009)/2;

142 elseif Lubrication_type==3 %Oil bath

143 fo=(5+10)/2;

144 ff=(0.003+0.009)/2;

145 elseif Lubrication_type==4 %Oil bath (vertical shaft) or Oil jet

146 fo=0;

147 ff=(0.003+0.009)/2;

148 end

149 elseif Roller_type==3 %Thrust cylindrical roller

150 f1=0.0015;ff=0;

151 Fbeta=Fa;

152 if Lubrication_type==1 %Grease

153 fo=9;

154 elseif Lubrication_type==2 %Oil mist

155 fo=0;

156 elseif Lubrication_type==3 %Oil bath

157 fo=3.5;

158 elseif Lubrication_type==4 %Oil bath (vertical shaft) or Oil jet

159 fo=8;
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160 end

161 end

162 end

163 for i=1:1:9

164 n(i)=n(i)+1000;

165 if Bearing_type==1

166 f1=z*(Fs/Cs)^y;

167 % Torque applied due to load

168 Ml=(f1*Fbeta*dm)*1e=3;%Unit Nm

169 % Torque due to lubricant viscous friction

170 if (vo*n(i)>=2000)

171 Mv(i)=(10^=7*fo*(vo*n(i))^(2/3)*dm^3)*1e=3;%Unit Nm

172 else

173 Mv(i)=(160e=7*fo*dm^3)*1e=3;%Unit Nm

174 end

175 %Total friction moment

176 M(i)=Ml+Mv(i);%Unit Nm

177 elseif Bearing_type==2

178 % Torque applied due to load

179 Ml=(f1*Fbeta*dm)*1e=3;%Unit Nm

180 % Torque due to lubricant viscous friction

181 if (vo*n(i)>=2000)

182 Mv(i)=(10^=7*fo*(vo*n(i))^(2/3)*dm^3)*1e=3;%Unit Nm

183 else

184 Mv(i)=(160e=7*fo*dm^3)*1e=3;%Unit Nm

185 end

186 %Torque due to roller end=ring flange sliding friction

187 Mf=(ff*Fa*dm)*1e=3;%Unit Nm

188 %Total friction moment

189 M(i)=(Ml+Mv(i)+Mf);%Unit Nm

190 end

191 %Bearing power loss

192 H(i)=1.047e=4*M(i)*n(i)*1e3;%Unit W

193 n(i+1)=n(i);

194 end

195 FrictionalMoment_Nm=M(1);

196 BearingPowerLoss_Watts=H(1)
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Appendix D

Shaft Seal Power Loss

Listing D.1: Shaft seal power loss model

1 clear all

2 clc

3 format short

4 % Nomenclature

5 % mu friction coefficient

6 % Fr radial force on seal lip N

7 % r radius of seal inner/shaft m

8 % eta oil dynamic viscosity Ns/m2

9 % t operating temperature of seal lip K

10 % b width of contact surface on shaft m

11 % Rp sum of all shaft surface roughness m

12 % n shaft speed rpm

13 % Mr frictional torque Nm

14 % P power loss W

15 % FPA frictional power loss per unit surface area W/mm2

16 %**********Frictional power loss calculation

17 error=1;

18 count=1;

19 mu=0.35;

20 d=input('Enter shaft diameter (m):');

21 %d=0.045;%25mm for 98; 45mm for 141; 60mm for 231

22 %MR, 45 & 30; FR 55 & 30

23 Fr=145.9*pi()*d;%assuming average 145.9 N/m of

24 r=d/2;

25 b=0.00022;

26 %Rp=input('Enter shaft surface roughness (m):');

27 Rp=0.8e=6;

28 n=input('Enter shaft speed (rpm):');

29 %t(count)=input('Enter oil sump temperature (K):');

30 t(count)=338;

31 A=0.0000389689;

32 B=1083.913;

33 C=166.2304;

34 eta(count)=A*exp(B/(t(count)=C));

35 %n=500;

36 Mr(count)=mu*Fr*r+eta(count)*t(count)*(b*Rp)*r^3*(2*pi())^2*n/60;

37 P(count)=2*pi()*n*Mr(count)/60;

38 FPA(count)=P(count)/(pi()*2*r*b*1e6);

39 % Vogel model constants (Ref.: Mathematical modeling of changing of dynamic

40 % viscosity as a function of temperature and pressure of mineral oils for

41 % hudyaulic systems by Darko Knezevic and Vladimir Savic
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42 % HM32 HM46 HM68 HVL46

43 % A 0.0000736317 0.0000633361 0.0000389689 0.000116198

44 % B 797.7122 879.7742 1083.913 799.7249

45 % C 177.3562 177.7865 166.2304 176.7128

46

47 % for i=1:1:20

48 while error>1e=5

49 count=count+1;

50 t(count)=t(count=1)+FPA(count=1)*16.5;

51 eta(count)=A*exp(B/(t(count)=C));

52 Mr(count)=mu*Fr*r+eta(count=1)*(b/Rp)*r^3*(2*pi())^2*n/60;

53 P(count)=2*pi()*n*Mr(count)/60;

54 FPA(count)=P(count)/(pi()*2*r*b*1e6);

55 error=abs(Mr(count)=Mr(count=1));

56 end

57 %Mr(count)

58 P(count)
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Appendix E

Drag Loss

Listing E.1: Drag Loss Program

1 clear all

2 clc

3 format short

4

5 % Nomenclature

6 % z1: number of male rotor lobes

7 % z2: number of female rotor lobes

8 % p1: compressor suction pressure [bar a]

9 % p2: compressor discharge pressure [bar a]

10 % n1: rotational speed of male rotor [rpm]

11 % vair: suction volume flow rate of air [m3/min]

12 % rho_air: air density at suction [kg/m3]

13 % mair: mass flow rate of air [kg/s]

14 % mass_ratio: mass flow rate of oil divided by mass flow rate of air

15 % moil: mass flow rate of oil [kg/s]

16 % rho_oil: oil density [kg/m3]

17 % nu: oil kinematic viscosity [cSt]

18 % mu: oil dynamic viscosity [Pa.s]

19 % GAPA: axial clearance [m]

20 % GAPI: interlobe clearance [m]

21 % GAPR(1): radial clearance at rotor leading edge [m]

22 % GAPR(10): radial clearance at rotor trailing edge [m]

23 % B1: top land width of rotor tip, male rotor [m]

24 % B2: top land width of rotor tip, female rotor [m]

25 % InterlobeLeakageArea: Interlobe leakage area [m2]

26 % helix: helix angle at pitch [deg]

27 % Di1: outer diameter, male rotor [m]

28 % Dr1: root diameter, male rotor [m]

29 % Di2: outer diameter, female rotor [m]

30 % Dr2: root diameter, female rotor [m]

31 % Do1: housing bore diameter, male [m]

32 % Do2: housing bore diameter, female [m]

33 % cd: centre distance between the rotors [m]

34 % L_D1 L/D ratio, male rotor

35 % phi1: wrap angle, male rotor [deg]

36 % phi1c: compression end angle [deg]

37 % phi_inj: oil injection angle [deg]

38 % RotorGasArea1: gas area between male rotor lobes [m2]

39 % RotorGasArea2: gas area between female rotor lobes [m2]

40 % InterlobeSLlength: interlobe sealing line length [m]

41
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42 % L1 profile length of the rotor, male rotor [m]

43 % L2 profile length of the rotor, female rotor [m]

44

45 % pcd1 pitch circle diameter, male rotor [m]

46 % pcd2 pitch circle diameter, female rotor [m]

47 % shaft_dia1 shaft diameter at discharge side of male rotor [m]

48 % shaft_dia2 shaft diameter at discharge side of female rotor [m]

49

50

51

52

53 %inputs

54 z1=input('number of lobes on male rotor');

55 z2=input('number of lobes on female rotor');

56 p1=input('suction pressure, bar abs');

57 p2=input('discharge pressure, bar abs');

58 n1=input('male rotor speed, rpm');

59 n2=n1*(z1/z2);

60 vair=input('volume flow rate of air at suction, m3/min');

61 rho_air=p1*1e5/(287*(30+273));

62 mair=rho_air*vair;

63 mass_ratio=6;

64 moil=mair*mass_ratio;

65 rho_oil=input('lubricant density, kg/m3');

66 nu=input('lubricant kinematic viscosity, cSt');

67 mu=nu*1e=6*rho_oil;

68

69 %Geometrical inputs

70 GAPA=input('axial clearance gap, m');%GAPA=32e=6;

71 GAPI=input('interlobe clearance gap, m');%GAPI=32e=6;

72 GAPR(1)=input('minimum radial clearance at rotor top land, m');

73 %GAPR(1)_N=40e=6;%GAPR(1)_Beta1=40e=6;%GAPR(1)_Beta2=40e=6;%GAPR(1)_Beta3=40e=6;

74 GAPR(10)=input('maximum radial clearance at rotor top land, m');

75 %GAPR(10)_N=40e=6;%GAPR(10)_Beta1=2500e=6;%GAPR(10)_Beta2=40e=6;%GAPR(10)_Beta3=3000e=6;

76 B1=input('top land width of male rotor, m');%B1=1e=3;

77 B2=input('top land width of female rotor, m');

78 %B2_98=9e=3;%B2_141=14e=3;%B2_231=19e=3;

79 %B2_N=14e=3;%B2_Beta1=14e=3;%B2_Beta2=24e=3;%B2_Beta3=24e=3;

80 InterlobeLeakageArea=input('interlobe leakage area, m2');

81 %InterlobeLeakageArea_98=16.554030e=6;InterlobeLeakageArea_141_N=24.18514e=6;

82 % InterlobeLeakageArea_231=48.051850e=6;%InterlobeLeakageArea_141_Beta1=24.19074e=6;

83 %InterlobeLeakageArea_141_Beta2=27.46058e=6;%InterlobeLeakageArea_141_Beta3=27.3658e=6;

84 helix=input('helix angle at pitch, deg');

85 %helix_98=46.346;helix_141=46.835;helix_231=46.295;

86 Di1=input('male rotor outer diameter, m');

87 %Di1_size1=0.098809;Di1_size2=0.1412;Di1_size3=0.231014;

88 Dr1=input('male rotor root diameter, m');

89 %Dr1_size1=0.057211;Dr1_size2=0.08216;Dr1_size3=0.134214;

90 Di2=input('female rotor outer diameter, m');

91 %Di2_size1=0.077746;Di2_size2=0.114;Di2_size3=0.180734;

92 Dr2=input('female rotor root diameter, m');

93 %Dr2_size1=0.036148;Dr2_size2=0.05496;Dr2_size3=0.083934;

94 cd=input('centre distance between rotors, m');

95 %cd_size1=0.0675;%cd_size2=0.0981;%cd_size3=0.1575;

96 L_D1=input('L/D ratio of male rotor');

97 phi1=input('screw rotor wrap angle, deg');%307

98 phi1c=input('screw rotor angle of compression end, deg');%phi1c_98=266;%phi1c_141=264;%phi1c_231

=260;

99 phi_inj(1)=input('oil injection angle, deg');%68
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100 RotorGasArea1=input('gas area between male rotor lobes, m2');

101 %RotorGasArea1_98=646e=6;RotorGasArea1_141=1305e=6;RotorGasArea1_231=3485e=6;

102 RotorGasArea2=input('gas area between female rotor lobes, m2');

103 %RotorGasArea2_98=536e=6;RotorGasArea2_141=1095e=6;RotorGasArea2_231=2923e=6;

104 InterlobeSLlength=input('interlobe sealing line length, m');%0.185497;

105 %InterlobeSLlength_98=127.153e=3;%InterlobeSLlength_231=375.720e=3;

106 %InterlobeSLlength_141_N=172.751e=3;%InterlobeSLlength_141_beta1=172.791e=3;

107 %InterlobeSLlength_141_beta2=196.147e=3;%InterlobeSLlength_141_beta3=195.47e=3;

108

109 %Calculations

110 Do1=Di1+GAPR(1)*2;

111 Do2=Di2+GAPR(1)*2;

112 pcd1=2*cd*z1/(z1+z2);

113 pcd2=2*cd*z2/(z1+z2);

114 Ri1=Di1/2;

115 Ri2=Di2/2;

116 L1=Di1*L_D1;

117 Lead1=pi*pcd1/tan(helix*pi/180);

118 Lead2=pi*pcd2/tan(helix*pi/180);

119 pitch1=Lead1/z1;

120 helix_outer1=rad2deg(atan(tan(deg2rad(helix))*Do1/pcd1));

121 helix_outer2=rad2deg(atan(tan(deg2rad(helix))*Do2/pcd2));

122 Vt1=pi*Di1*n1/60;

123 Vt2=pi*Di2*n2/60;

124 %Cusp area calculations

125 malecuspangle=2*rad2deg(acos((cd^2+(Do1/2)^2=(Do2/2)^2)/(2*(Do1/2)*cd)));

126 femalecuspangle=2*rad2deg(acos((cd^2+(Do2/2)^2=(Do1/2)^2)/(2*(Do2/2)*cd)));

127 %Calculation for variable clearance length

128 for i=1:196

129 AxialPosition(i)=pitch1+phi_inj(i)*pitch1/(360/z1);

130 dx(i)=(L1=AxialPosition(i))/cos(deg2rad(helix_outer1))+(L1=AxialPosition(i))/cos(deg2rad(

helix_outer2));

131 phi_inj(i+1)=phi_inj(i)+1;

132 end

133 dp_98_85=[9.32E+02,8.84E+02,6.17E+02,2.39E+02,=9.00E+01,=2.62E+02,=2.56E+02,...

134 =1.32E+02,3.10E+01,1.83E+02,3.10E+02,4.24E+02,4.95E+02,5.43E+02,5.78E+02,...

135 6.07E+02,6.31E+02,6.51E+02,6.70E+02,6.84E+02,6.99E+02,7.12E+02,7.23E+02,...

136 7.35E+02,7.45E+02,7.56E+02,7.66E+02,7.76E+02,7.84E+02,7.95E+02,8.03E+02,...

137 8.12E+02,8.22E+02,8.30E+02,8.39E+02,8.48E+02,8.57E+02,8.66E+02,8.74E+02,...

138 8.84E+02,8.93E+02,9.02E+02,9.11E+02,9.21E+02,9.30E+02,9.39E+02,9.49E+02,...

139 9.59E+02,9.68E+02,9.79E+02,9.88E+02,9.99E+02,1.01E+03,1.02E+03,1.03E+03,...

140 9.96E+02,9.71E+02,9.80E+02,9.89E+02,1.00E+03,1.01E+03,1.02E+03,1.03E+03,...

141 1.04E+03,1.05E+03,1.06E+03,1.07E+03,1.08E+03,1.10E+03,1.10E+03,1.09E+03,...

142 1.11E+03,1.12E+03,1.13E+03,1.14E+03,1.15E+03,1.17E+03,1.18E+03,1.19E+03,...

143 1.21E+03,1.22E+03,1.24E+03,1.25E+03,1.27E+03,1.29E+03,1.31E+03,1.33E+03,...

144 1.35E+03,1.37E+03,1.39E+03,1.40E+03,1.42E+03,1.44E+03,1.45E+03,1.47E+03,...

145 1.49E+03,1.51E+03,1.52E+03,1.54E+03,1.56E+03,1.58E+03,1.60E+03,1.62E+03,...

146 1.65E+03,1.67E+03,1.70E+03,1.73E+03,1.76E+03,1.79E+03,1.82E+03,1.86E+03,...

147 1.90E+03,1.94E+03,1.99E+03,2.03E+03,2.07E+03,2.11E+03,2.14E+03,2.16E+03,...

148 2.19E+03,2.21E+03,2.23E+03,2.25E+03,2.27E+03,2.29E+03,2.31E+03,2.34E+03,...

149 2.36E+03,2.39E+03,2.41E+03,2.44E+03,2.47E+03,2.49E+03,2.52E+03,2.55E+03,...

150 2.58E+03,2.61E+03,2.64E+03,2.67E+03,2.71E+03,2.74E+03,2.78E+03,2.81E+03,...

151 2.85E+03,2.89E+03,3.00E+03,3.11E+03,3.15E+03,3.20E+03,3.25E+03,3.30E+03,...

152 3.35E+03,3.40E+03,3.45E+03,3.51E+03,3.56E+03,3.79E+03,3.87E+03,3.94E+03,...

153 4.01E+03,4.08E+03,4.15E+03,4.23E+03,4.31E+03,4.39E+03,4.48E+03,4.56E+03,...

154 4.65E+03,4.75E+03,4.84E+03,4.94E+03,5.04E+03,5.15E+03,5.26E+03,5.33E+03,...

155 5.35E+03,5.47E+03,5.60E+03,5.73E+03,5.87E+03,6.01E+03,6.15E+03,6.31E+03,...

156 6.47E+03,6.63E+03,6.80E+03,6.98E+03,7.17E+03,7.37E+03,7.42E+03,7.62E+03,...

157 8.20E+03,9.15E+03,1.04E+04,1.19E+04,1.36E+04];
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158 dp_98_10=[7.60E+02,7.63E+02,7.21E+02,6.32E+02,5.14E+02,3.91E+02,2.87E+02,...

159 2.22E+02,2.01E+02,2.30E+02,2.95E+02,3.88E+02,4.70E+02,5.21E+02,5.50E+02,...

160 5.69E+02,5.84E+02,5.95E+02,6.06E+02,6.15E+02,6.25E+02,6.33E+02,6.41E+02,...

161 6.50E+02,6.57E+02,6.65E+02,6.71E+02,6.79E+02,6.86E+02,6.93E+02,7.00E+02,...

162 7.07E+02,7.14E+02,7.21E+02,7.28E+02,7.34E+02,7.42E+02,7.49E+02,7.56E+02,...

163 7.63E+02,7.71E+02,7.78E+02,7.85E+02,7.93E+02,8.01E+02,8.08E+02,8.17E+02,...

164 8.24E+02,8.32E+02,8.41E+02,8.49E+02,8.57E+02,8.67E+02,8.75E+02,8.54E+02,...

165 8.65E+02,8.74E+02,8.82E+02,8.91E+02,9.00E+02,9.09E+02,9.18E+02,9.27E+02,...

166 9.37E+02,9.46E+02,9.56E+02,9.66E+02,9.76E+02,9.86E+02,9.97E+02,1.01E+03,...

167 1.02E+03,1.03E+03,1.04E+03,1.05E+03,1.06E+03,1.08E+03,1.09E+03,1.10E+03,...

168 1.11E+03,1.12E+03,1.14E+03,1.16E+03,1.18E+03,1.21E+03,1.23E+03,1.25E+03,...

169 1.28E+03,1.30E+03,1.32E+03,1.34E+03,1.35E+03,1.36E+03,1.38E+03,1.39E+03,...

170 1.41E+03,1.43E+03,1.45E+03,1.47E+03,1.48E+03,1.51E+03,1.52E+03,1.54E+03,...

171 1.57E+03,1.59E+03,1.61E+03,1.63E+03,1.66E+03,1.68E+03,1.71E+03,1.74E+03,...

172 1.77E+03,1.80E+03,1.83E+03,1.86E+03,1.89E+03,1.93E+03,1.96E+03,2.00E+03,...

173 2.03E+03,2.07E+03,2.10E+03,2.13E+03,2.17E+03,2.20E+03,2.23E+03,2.26E+03,...

174 2.29E+03,2.32E+03,2.36E+03,2.39E+03,2.42E+03,2.46E+03,2.49E+03,2.53E+03,...

175 2.56E+03,2.60E+03,2.64E+03,2.68E+03,2.72E+03,2.76E+03,2.80E+03,2.84E+03,...

176 2.88E+03,2.99E+03,3.03E+03,3.09E+03,3.14E+03,3.19E+03,3.25E+03,3.30E+03,...

177 3.36E+03,3.42E+03,3.48E+03,3.55E+03,3.61E+03,3.68E+03,3.75E+03,3.82E+03,...

178 3.90E+03,3.97E+03,4.08E+03,4.21E+03,4.30E+03,4.39E+03,4.48E+03,4.58E+03,...

179 4.68E+03,4.78E+03,4.89E+03,5.00E+03,5.11E+03,5.23E+03,5.35E+03,5.48E+03,...

180 5.61E+03,5.75E+03,5.89E+03,6.04E+03,6.19E+03,6.35E+03,6.52E+03,6.69E+03,...

181 6.87E+03,7.06E+03,7.26E+03,7.46E+03,7.68E+03,7.90E+03,8.03E+03,8.36E+03,...

182 8.94E+03,9.83E+03,1.09E+04,1.21E+04,1.34E+04];

183 dp_98_125=[9.31E+02,8.64E+02,5.13E+02,2.80E+01,=3.44E+02,=4.62E+02,=3.48E+02,...

184 =1.30E+02,7.60E+01,2.35E+02,3.59E+02,4.61E+02,5.26E+02,5.67E+02,5.99E+02,...

185 6.25E+02,6.47E+02,6.65E+02,6.81E+02,6.95E+02,7.09E+02,7.20E+02,7.31E+02,...

186 7.42E+02,7.53E+02,7.62E+02,7.72E+02,7.81E+02,7.91E+02,8.01E+02,8.09E+02,...

187 8.19E+02,8.28E+02,8.38E+02,8.46E+02,8.56E+02,8.65E+02,8.74E+02,8.83E+02,...

188 8.93E+02,9.02E+02,9.12E+02,9.22E+02,9.31E+02,9.40E+02,9.25E+02,8.90E+02,...

189 8.99E+02,9.07E+02,9.16E+02,9.25E+02,9.34E+02,9.44E+02,9.53E+02,9.61E+02,...

190 9.71E+02,9.80E+02,9.90E+02,1.00E+03,1.01E+03,1.02E+03,1.03E+03,1.04E+03,...

191 1.05E+03,1.06E+03,1.08E+03,1.09E+03,1.10E+03,1.11E+03,1.12E+03,1.12E+03,...

192 1.12E+03,1.13E+03,1.15E+03,1.16E+03,1.17E+03,1.19E+03,1.20E+03,1.21E+03,...

193 1.23E+03,1.24E+03,1.26E+03,1.28E+03,1.29E+03,1.31E+03,1.33E+03,1.35E+03,...

194 1.37E+03,1.39E+03,1.41E+03,1.42E+03,1.44E+03,1.46E+03,1.48E+03,1.49E+03,...

195 1.51E+03,1.53E+03,1.55E+03,1.57E+03,1.59E+03,1.61E+03,1.63E+03,1.65E+03,...

196 1.68E+03,1.71E+03,1.74E+03,1.77E+03,1.81E+03,1.85E+03,1.90E+03,1.95E+03,...

197 2.01E+03,2.07E+03,2.13E+03,2.20E+03,2.26E+03,2.33E+03,2.40E+03,2.46E+03,...

198 2.51E+03,2.55E+03,2.58E+03,2.60E+03,2.63E+03,2.65E+03,2.67E+03,2.70E+03,...

199 2.72E+03,2.75E+03,2.78E+03,2.80E+03,2.83E+03,2.86E+03,2.89E+03,2.92E+03,...

200 3.00E+03,3.11E+03,3.14E+03,3.18E+03,3.22E+03,3.26E+03,3.30E+03,3.35E+03,...

201 3.39E+03,3.44E+03,3.48E+03,3.53E+03,3.58E+03,3.63E+03,3.68E+03,3.73E+03,...

202 3.93E+03,4.02E+03,4.08E+03,4.15E+03,4.21E+03,4.28E+03,4.35E+03,4.43E+03,...

203 4.50E+03,4.58E+03,4.66E+03,4.74E+03,4.83E+03,4.92E+03,5.01E+03,5.10E+03,...

204 5.20E+03,5.30E+03,5.41E+03,5.51E+03,5.63E+03,5.74E+03,5.86E+03,5.99E+03,...

205 6.12E+03,6.25E+03,6.39E+03,6.53E+03,6.68E+03,6.84E+03,7.00E+03,7.17E+03,...

206 7.34E+03,7.53E+03,7.72E+03,7.91E+03,8.12E+03,8.34E+03,8.32E+03,8.53E+03,...

207 9.45E+03,1.11E+04,1.35E+04,1.63E+04,1.96E+04];

208 dp=[8.73E+02,8.91E+02,9.07E+02,9.17E+02,9.25E+02,9.29E+02,9.30E+02,...

209 9.28E+02,9.24E+02,9.18E+02,9.09E+02,8.99E+02,8.88E+02,8.75E+02,8.61E+02,...

210 8.48E+02,8.33E+02,8.19E+02,8.04E+02,7.89E+02,7.75E+02,7.62E+02,7.48E+02,...

211 7.37E+02,7.24E+02,7.14E+02,7.05E+02,6.96E+02,6.88E+02,6.82E+02,6.76E+02,...

212 6.72E+02,6.68E+02,6.66E+02,6.65E+02,6.65E+02,6.65E+02,6.67E+02,6.69E+02,...

213 6.72E+02,6.76E+02,6.81E+02,6.85E+02,6.92E+02,6.97E+02,7.05E+02,7.10E+02,...

214 7.19E+02,7.27E+02,7.34E+02,7.43E+02,7.51E+02,7.61E+02,7.68E+02,7.79E+02,...

215 7.87E+02,7.96E+02,8.06E+02,8.16E+02,8.25E+02,8.35E+02,8.44E+02,8.55E+02,...

216 8.65E+02,8.96E+02,8.82E+02,8.82E+02,8.91E+02,9.02E+02,9.13E+02,9.24E+02...
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217 9.33E+02,9.46E+02,9.49E+02,9.70E+02,1.01E+03,1.05E+03,1.09E+03,1.13E+03,...

218 1.17E+03,1.19E+03,1.21E+03,1.20E+03,1.20E+03,1.20E+03,1.20E+03,1.20E+03,...

219 1.21E+03,1.22E+03,1.23E+03,1.24E+03,1.25E+03,1.26E+03,1.27E+03,1.29E+03,...

220 1.30E+03,1.32E+03,1.33E+03,1.35E+03,1.36E+03,1.38E+03,1.40E+03,1.42E+03,...

221 1.43E+03,1.45E+03,1.47E+03,1.49E+03,1.51E+03,1.53E+03,1.55E+03,1.57E+03,...

222 1.60E+03,1.62E+03,1.64E+03,1.67E+03,1.70E+03,1.72E+03,1.75E+03,1.78E+03,...

223 1.81E+03,1.84E+03,1.87E+03,1.90E+03,1.93E+03,1.96E+03,1.99E+03,2.01E+03,...

224 2.04E+03,2.07E+03,2.10E+03,2.13E+03,2.16E+03,2.19E+03,2.22E+03,2.25E+03,...

225 2.28E+03,2.31E+03,2.35E+03,2.38E+03,2.41E+03,2.45E+03,2.48E+03,2.52E+03,...

226 2.56E+03,2.59E+03,2.63E+03,2.67E+03,2.72E+03,2.76E+03,2.80E+03,2.84E+03,...

227 2.89E+03,2.94E+03,2.99E+03,3.00E+03,3.11E+03,3.19E+03,3.24E+03,3.30E+03,...

228 3.36E+03,3.41E+03,3.47E+03,3.54E+03,3.60E+03,3.67E+03,3.74E+03,3.81E+03,...

229 3.88E+03,3.96E+03,4.04E+03,4.11E+03,4.20E+03,4.28E+03,4.37E+03,4.46E+03,...

230 4.56E+03,4.65E+03,4.75E+03,4.85E+03,4.96E+03,5.07E+03,5.18E+03,5.31E+03,...

231 5.37E+03,5.48E+03,5.61E+03,5.75E+03,5.89E+03,6.04E+03,6.18E+03,6.34E+03,...

232 6.50E+03,6.67E+03,6.81E+03,7.15E+03,7.68E+03];

233 dp_141_10=[9.62E+02,9.77E+02,9.88E+02,9.92E+02,9.91E+02,9.87E+02,9.78E+02,...

234 9.65E+02,9.50E+02,9.33E+02,9.13E+02,8.93E+02,8.71E+02,8.49E+02,8.26E+02,...

235 8.05E+02,7.84E+02,7.65E+02,7.45E+02,7.28E+02,7.11E+02,6.98E+02,6.85E+02,...

236 6.75E+02,6.66E+02,6.59E+02,6.53E+02,6.49E+02,6.48E+02,6.47E+02,6.47E+02,...

237 6.50E+02,6.52E+02,6.57E+02,6.62E+02,6.68E+02,6.74E+02,6.81E+02,6.89E+02,...

238 6.97E+02,7.05E+02,7.15E+02,7.22E+02,7.32E+02,7.41E+02,7.51E+02,7.59E+02,...

239 7.69E+02,7.78E+02,7.88E+02,7.97E+02,8.06E+02,8.17E+02,8.25E+02,8.35E+02,...

240 8.44E+02,8.54E+02,8.63E+02,8.73E+02,8.82E+02,8.93E+02,9.01E+02,9.13E+02,...

241 9.21E+02,9.17E+02,9.25E+02,9.36E+02,9.46E+02,9.57E+02,9.67E+02,9.79E+02,...

242 9.88E+02,9.99E+02,1.01E+03,1.03E+03,1.06E+03,1.10E+03,1.14E+03,1.18E+03,...

243 1.21E+03,1.23E+03,1.24E+03,1.23E+03,1.22E+03,1.22E+03,1.22E+03,1.23E+03,...

244 1.24E+03,1.25E+03,1.26E+03,1.27E+03,1.29E+03,1.30E+03,1.32E+03,1.33E+03,...

245 1.35E+03,1.36E+03,1.38E+03,1.40E+03,1.41E+03,1.43E+03,1.45E+03,1.47E+03,...

246 1.49E+03,1.51E+03,1.53E+03,1.55E+03,1.57E+03,1.59E+03,1.61E+03,1.64E+03,...

247 1.66E+03,1.69E+03,1.71E+03,1.74E+03,1.77E+03,1.80E+03,1.83E+03,1.86E+03,...

248 1.90E+03,1.93E+03,1.97E+03,2.00E+03,2.04E+03,2.07E+03,2.11E+03,2.14E+03,...

249 2.18E+03,2.21E+03,2.24E+03,2.27E+03,2.30E+03,2.33E+03,2.36E+03,2.39E+03,...

250 2.43E+03,2.46E+03,2.49E+03,2.53E+03,2.56E+03,2.60E+03,2.64E+03,2.67E+03,...

251 2.71E+03,2.75E+03,2.79E+03,2.83E+03,2.87E+03,2.92E+03,2.99E+03,3.03E+03,...

252 3.08E+03,3.13E+03,3.18E+03,3.26E+03,3.31E+03,3.37E+03,3.42E+03,3.48E+03,...

253 3.54E+03,3.60E+03,3.67E+03,3.73E+03,3.80E+03,3.87E+03,3.94E+03,4.01E+03,...

254 4.09E+03,4.17E+03,4.25E+03,4.33E+03,4.42E+03,4.50E+03,4.59E+03,4.68E+03,...

255 4.78E+03,4.88E+03,4.99E+03,5.09E+03,5.20E+03,5.32E+03,5.43E+03,5.55E+03,...

256 5.68E+03,5.81E+03,5.94E+03,6.09E+03,6.22E+03,6.38E+03,6.53E+03,6.70E+03,...

257 6.86E+03,7.04E+03,7.11E+03,7.43E+03,8.10E+03];

258 dp_141_125=[1.29E+03,1.24E+03,1.16E+03,1.08E+03,9.87E+02,8.98E+02,8.17E+02,...

259 7.45E+02,6.86E+02,6.40E+02,6.08E+02,5.90E+02,5.79E+02,5.79E+02,5.86E+02,...

260 5.97E+02,6.11E+02,6.26E+02,6.43E+02,6.59E+02,6.76E+02,6.91E+02,7.04E+02,...

261 7.18E+02,7.30E+02,7.42E+02,7.52E+02,7.63E+02,7.73E+02,7.83E+02,7.93E+02,...

262 8.01E+02,8.10E+02,8.20E+02,8.29E+02,8.38E+02,8.48E+02,8.56E+02,8.66E+02,...

263 8.74E+02,8.85E+02,9.83E+02,9.96E+02,1.00E+03,9.74E+02,8.88E+02,9.11E+02,...

264 9.26E+02,9.38E+02,9.49E+02,9.59E+02,9.69E+02,9.79E+02,9.91E+02,1.00E+03,...

265 1.01E+03,1.02E+03,1.03E+03,1.05E+03,1.06E+03,1.07E+03,1.08E+03,1.09E+03,...

266 1.09E+03,1.10E+03,1.11E+03,1.13E+03,1.14E+03,1.15E+03,1.17E+03,1.18E+03,...

267 1.19E+03,1.22E+03,1.24E+03,1.27E+03,1.29E+03,1.31E+03,1.33E+03,1.35E+03,...

268 1.36E+03,1.38E+03,1.38E+03,1.39E+03,1.40E+03,1.42E+03,1.44E+03,1.46E+03,...

269 1.48E+03,1.50E+03,1.52E+03,1.54E+03,1.56E+03,1.58E+03,1.60E+03,1.63E+03,...

270 1.65E+03,1.67E+03,1.70E+03,1.72E+03,1.75E+03,1.77E+03,1.80E+03,1.83E+03,...

271 1.86E+03,1.89E+03,1.93E+03,1.97E+03,2.01E+03,2.06E+03,2.11E+03,2.17E+03,...

272 2.22E+03,2.28E+03,2.34E+03,2.41E+03,2.47E+03,2.54E+03,2.60E+03,2.66E+03,...

273 2.71E+03,2.74E+03,2.78E+03,2.81E+03,2.85E+03,2.88E+03,2.91E+03,2.94E+03,...

274 2.98E+03,3.01E+03,3.05E+03,3.09E+03,2.98E+03,3.02E+03,3.06E+03,3.18E+03,...

275 3.40E+03,3.43E+03,3.47E+03,3.52E+03,3.57E+03,3.62E+03,3.68E+03,3.73E+03,...
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276 3.79E+03,3.85E+03,3.90E+03,3.97E+03,4.03E+03,4.10E+03,4.16E+03,4.23E+03,...

277 4.30E+03,4.37E+03,4.45E+03,4.53E+03,4.61E+03,4.69E+03,4.77E+03,4.86E+03,...

278 4.95E+03,5.04E+03,5.13E+03,5.23E+03,5.33E+03,5.43E+03,5.54E+03,5.65E+03,...

279 5.77E+03,5.89E+03,6.01E+03,6.13E+03,6.27E+03,6.41E+03,6.55E+03,6.70E+03,...

280 6.85E+03,7.00E+03,7.17E+03,7.34E+03,7.52E+03,7.70E+03,7.89E+03,8.08E+03,...

281 8.30E+03,8.51E+03,8.73E+03,8.97E+03,9.21E+03,9.28E+03,9.68E+03,1.07E+04,...

282 1.23E+04,1.41E+04,1.65E+04,1.92E+04,2.23E+04];

283 dp_231_85=[6.99E+02,6.36E+02,4.98E+02,3.19E+02,1.39E+02,2.00E+00,=6.00E+01,...

284 =3.50E+01,5.50E+01,1.79E+02,3.10E+02,4.12E+02,4.70E+02,4.92E+02,5.04E+02,...

285 5.12E+02,5.21E+02,5.28E+02,5.38E+02,5.46E+02,5.54E+02,5.62E+02,5.70E+02,...

286 5.78E+02,5.84E+02,5.91E+02,5.99E+02,6.06E+02,6.12E+02,6.17E+02,6.24E+02,...

287 6.30E+02,6.37E+02,6.44E+02,6.50E+02,6.58E+02,6.64E+02,6.71E+02,6.77E+02,...

288 6.85E+02,6.92E+02,6.98E+02,7.07E+02,7.13E+02,7.20E+02,7.27E+02,7.36E+02,...

289 7.37E+02,7.40E+02,7.47E+02,7.54E+02,7.63E+02,7.69E+02,7.78E+02,8.11E+02,...

290 8.26E+02,8.34E+02,8.44E+02,8.52E+02,8.60E+02,8.71E+02,8.80E+02,8.89E+02,...

291 8.99E+02,9.10E+02,9.19E+02,9.27E+02,9.40E+02,9.50E+02,9.61E+02,9.71E+02,...

292 9.83E+02,9.94E+02,1.00E+03,1.02E+03,1.03E+03,1.04E+03,1.05E+03,1.07E+03,...

293 1.08E+03,1.09E+03,1.11E+03,1.13E+03,1.15E+03,1.16E+03,1.18E+03,1.19E+03,...

294 1.21E+03,1.23E+03,1.24E+03,1.26E+03,1.27E+03,1.29E+03,1.30E+03,1.32E+03,...

295 1.34E+03,1.36E+03,1.37E+03,1.39E+03,1.41E+03,1.43E+03,1.45E+03,1.47E+03,...

296 1.49E+03,1.51E+03,1.54E+03,1.56E+03,1.58E+03,1.61E+03,1.64E+03,1.67E+03,...

297 1.70E+03,1.73E+03,1.76E+03,1.79E+03,1.83E+03,1.86E+03,1.90E+03,1.93E+03,...

298 1.97E+03,2.00E+03,2.04E+03,2.07E+03,2.10E+03,2.14E+03,2.17E+03,2.20E+03,...

299 2.23E+03,2.27E+03,2.30E+03,2.33E+03,2.36E+03,2.40E+03,2.43E+03,2.46E+03,...

300 2.50E+03,2.53E+03,2.58E+03,2.62E+03,2.66E+03,2.70E+03,2.74E+03,2.78E+03,...

301 2.83E+03,2.82E+03,2.86E+03,2.90E+03,2.95E+03,3.00E+03,3.05E+03,3.10E+03,...

302 3.15E+03,3.21E+03,3.26E+03,3.32E+03,3.38E+03,3.44E+03,3.51E+03,3.57E+03,...

303 3.64E+03,3.71E+03,3.78E+03,3.85E+03,3.93E+03,4.01E+03,4.09E+03,4.17E+03,...

304 4.26E+03,4.35E+03,4.44E+03,4.54E+03,4.64E+03,4.74E+03,4.85E+03,4.96E+03,...

305 5.07E+03,5.19E+03,5.31E+03,5.44E+03,5.58E+03,5.71E+03,5.86E+03,5.91E+03,...

306 6.07E+03,6.23E+03,6.40E+03,6.58E+03,6.76E+03,6.95E+03,7.15E+03,7.26E+03,...

307 7.50E+03,7.99E+03,8.72E+03,9.60E+03,1.06E+04];

308 dp_231_10=[6.90E+02,6.53E+02,5.61E+02,4.29E+02,2.81E+02,1.39E+02,3.30E+01,...

309 =1.30E+01,0.00E+00,7.40E+01,1.90E+02,3.17E+02,4.14E+02,4.71E+02,5.02E+02,...

310 5.18E+02,5.26E+02,5.32E+02,5.39E+02,5.45E+02,5.51E+02,5.59E+02,5.65E+02,...

311 5.71E+02,5.78E+02,5.86E+02,5.92E+02,5.98E+02,6.05E+02,6.11E+02,6.16E+02,...

312 6.23E+02,6.30E+02,6.36E+02,6.43E+02,6.49E+02,6.57E+02,6.62E+02,6.69E+02,...

313 6.76E+02,6.83E+02,6.90E+02,6.97E+02,7.05E+02,7.11E+02,7.17E+02,7.26E+02,...

314 7.28E+02,7.33E+02,7.40E+02,7.48E+02,7.56E+02,7.62E+02,7.71E+02,8.00E+02,...

315 8.08E+02,8.16E+02,8.25E+02,8.34E+02,8.41E+02,8.52E+02,8.61E+02,8.69E+02,...

316 8.80E+02,8.88E+02,8.99E+02,9.07E+02,9.18E+02,9.29E+02,9.39E+02,9.49E+02,...

317 9.60E+02,9.71E+02,9.81E+02,9.93E+02,1.01E+03,1.02E+03,1.03E+03,1.04E+03,...

318 1.05E+03,1.07E+03,1.09E+03,1.11E+03,1.13E+03,1.15E+03,1.17E+03,1.19E+03,...

319 1.20E+03,1.22E+03,1.23E+03,1.24E+03,1.26E+03,1.27E+03,1.29E+03,1.30E+03,...

320 1.32E+03,1.34E+03,1.36E+03,1.38E+03,1.39E+03,1.41E+03,1.43E+03,1.45E+03,...

321 1.47E+03,1.49E+03,1.52E+03,1.54E+03,1.56E+03,1.58E+03,1.61E+03,1.64E+03,...

322 1.67E+03,1.70E+03,1.73E+03,1.76E+03,1.79E+03,1.82E+03,1.85E+03,1.89E+03,...

323 1.92E+03,1.96E+03,1.99E+03,2.03E+03,2.07E+03,2.10E+03,2.14E+03,2.18E+03,...

324 2.21E+03,2.25E+03,2.29E+03,2.32E+03,2.36E+03,2.40E+03,2.43E+03,2.47E+03,...

325 2.51E+03,2.55E+03,2.60E+03,2.64E+03,2.68E+03,2.72E+03,2.77E+03,2.81E+03,...

326 2.86E+03,2.87E+03,2.91E+03,2.96E+03,3.01E+03,3.06E+03,3.11E+03,3.16E+03,...

327 3.22E+03,3.27E+03,3.33E+03,3.39E+03,3.45E+03,3.52E+03,3.58E+03,3.65E+03,...

328 3.72E+03,3.79E+03,3.87E+03,3.95E+03,4.03E+03,4.11E+03,4.19E+03,4.28E+03,...

329 4.37E+03,4.47E+03,4.57E+03,4.67E+03,4.77E+03,4.88E+03,4.99E+03,5.11E+03,...

330 5.23E+03,5.36E+03,5.49E+03,5.63E+03,5.77E+03,5.91E+03,6.07E+03,6.23E+03,...

331 6.39E+03,6.56E+03,6.75E+03,6.93E+03,7.13E+03,7.33E+03,7.55E+03,7.69E+03,...

332 7.98E+03,8.52E+03,9.30E+03,1.02E+04,1.13E+04];

333 dp_231_125=[6.93E+02,6.02E+02,4.10E+02,1.66E+02,=6.30E+01,=2.10E+02,=2.35E+02,...

334 =1.40E+02,2.20E+01,2.00E+02,3.48E+02,4.47E+02,4.88E+02,4.99E+02,5.04E+02,...
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335 5.11E+02,5.18E+02,5.26E+02,5.35E+02,5.44E+02,5.51E+02,5.60E+02,5.67E+02,...

336 5.74E+02,5.80E+02,5.88E+02,5.96E+02,6.02E+02,6.08E+02,6.14E+02,6.20E+02,...

337 6.26E+02,6.33E+02,6.40E+02,6.47E+02,6.53E+02,6.61E+02,6.67E+02,6.73E+02,...

338 6.82E+02,6.88E+02,6.95E+02,7.03E+02,7.09E+02,7.17E+02,7.24E+02,7.23E+02,...

339 7.28E+02,7.36E+02,7.44E+02,7.68E+02,7.90E+02,7.96E+02,8.07E+02,8.14E+02,...

340 8.23E+02,8.32E+02,8.41E+02,8.50E+02,8.58E+02,8.68E+02,8.78E+02,8.87E+02,...

341 8.97E+02,9.07E+02,9.18E+02,9.26E+02,9.38E+02,9.48E+02,9.59E+02,9.70E+02,...

342 9.82E+02,9.92E+02,1.00E+03,1.02E+03,1.03E+03,1.04E+03,1.05E+03,1.07E+03,...

343 1.08E+03,1.09E+03,1.11E+03,1.13E+03,1.15E+03,1.16E+03,1.18E+03,1.19E+03,...

344 1.21E+03,1.22E+03,1.24E+03,1.25E+03,1.27E+03,1.28E+03,1.30E+03,1.32E+03,...

345 1.33E+03,1.35E+03,1.37E+03,1.39E+03,1.41E+03,1.43E+03,1.45E+03,1.47E+03,...

346 1.49E+03,1.51E+03,1.53E+03,1.56E+03,1.59E+03,1.61E+03,1.65E+03,1.68E+03,...

347 1.72E+03,1.75E+03,1.79E+03,1.83E+03,1.86E+03,1.91E+03,1.95E+03,1.99E+03,...

348 2.04E+03,2.08E+03,2.13E+03,2.18E+03,2.23E+03,2.27E+03,2.32E+03,2.37E+03,...

349 2.41E+03,2.45E+03,2.49E+03,2.53E+03,2.57E+03,2.60E+03,2.64E+03,2.68E+03,...

350 2.72E+03,2.77E+03,2.81E+03,2.85E+03,2.89E+03,2.89E+03,2.92E+03,2.96E+03,...

351 3.01E+03,3.05E+03,3.10E+03,3.14E+03,3.19E+03,3.24E+03,3.29E+03,3.35E+03,...

352 3.40E+03,3.46E+03,3.52E+03,3.58E+03,3.64E+03,3.70E+03,3.77E+03,3.84E+03,...

353 3.91E+03,3.98E+03,4.05E+03,4.13E+03,4.21E+03,4.29E+03,4.38E+03,4.46E+03,...

354 4.56E+03,4.65E+03,4.75E+03,4.85E+03,4.95E+03,5.06E+03,5.17E+03,5.29E+03,...

355 5.41E+03,5.53E+03,5.66E+03,5.79E+03,5.93E+03,6.08E+03,6.23E+03,6.39E+03,...

356 6.55E+03,6.72E+03,6.90E+03,7.08E+03,7.27E+03,7.48E+03,7.69E+03,7.76E+03,...

357 8.04E+03,8.77E+03,9.97E+03,1.15E+04,1.32E+04];

358

359 %Drag loss in radial clearance

360 %Male rotor calculations

361 for j=1:11

362 r1(1)=0;

363 for i=1:196

364 u1(i)=(Vt1/GAPR(j))*r1(i)+(1/(2*mu))*dp(i)/dx(i)*(r1(i)^2=GAPR(j)*r1(i));%velocity[m/s]

365 tau_radial1(i)=((mu*Vt1/GAPR(j))+(1/2)*(2*r1(i)=GAPR(j))*dp(i)/dx(i));%shear stress[N/m2]

366 r1(i+1)=r1(i)+GAPR(j)/1000;

367 end

368 T_radial1(j)=tau_radial1(i)*B1/10*Lead1*Ri1;%torque[Nm]

369 power_loss_radial1(j)=2*pi*n1*T_radial1(j)/60*z1;%[W]

370 GAPR(j+1)=GAPR(j)+(GAPR(10)=GAPR(1))/10;

371 end

372 power_loss_radial1=sum(power_loss_radial1(1:10));

373 power_loss_radial1_corrected=power_loss_radial1*(1=malecuspangle/360)*(1=phi_inj(1)/phi1c);%[W]

374 %Female rotor calculations

375 for j=1:10

376 r2(1)=0;

377 for i=1:196

378 u2(i)=(Vt2/GAPR(j))*r2(i)+(1/(2*mu))*dp(i)/dx(i)*(r2(i)^2=GAPR(j)*r2(i));%velocity[m/s]

379 tau_radial2(i)=((mu*Vt2/GAPR(j))+(1/2)*(2*r2(i)=GAPR(j))*dp(i)/dx(i));%shear stress[N/m2]

380 r2(i+1)=r2(i)+GAPR(j)/1000;

381 end

382 T_radial2(j)=tau_radial2(i)*B2/10*Lead2*Ri2;%torque[Nm]

383 power_loss_radial2(j)=2*pi*n2*T_radial2(j)/60*z2;%[W]

384 GAPR(j+1)=GAPR(j)+(GAPR(10)=GAPR(1))/10;

385 end

386 power_loss_radial2=sum(power_loss_radial2(1:10));

387 power_loss_radial2_corrected=power_loss_radial2*(1=femalecuspangle/360)*(1=phi_inj(1)/phi1c);%[W]

388

389 %Total radial power loss [W]

390 TotalPowerLossRadil_Watts=power_loss_radial1_corrected+power_loss_radial2_corrected

391

392 %Drag loss in discharge axial clearance

393 RotorArea1=((pi/4*(Do1^2=Dr1^2))=RotorGasArea1*z1)/z1;
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394 RotorArea2=((pi/4*(Do2^2=Dr2^2))=RotorGasArea2*z2)/z2;

395 dr1=sqrt(RotorArea1);

396 dr2=sqrt(RotorArea2);

397 for i=1:196

398 tau_axial1(i)=((mu*Vt1/GAPA)+(1/2)*(GAPA)*dp(i)/dr1);%shear stress[N/m2]

399 tau_axial2(i)=((mu*Vt2/GAPA)+(1/2)*(GAPA)*dp(i)/dr2);%shear stress[N/m2]

400 end

401 tau_axial1=sum(tau_axial1(1:196))*(moil/rho_oil)/((moil/rho_oil)+(mair/rho_air));

402 tau_axial2=sum(tau_axial2(1:196))*(moil/rho_oil)/((moil/rho_oil)+(mair/rho_air));

403

404 T_axail1=tau_axial1*RotorArea1*(Do1+Dr1)/4*z1;%torque[Nm]

405 T_axail2=tau_axial2*RotorArea2*(Do2+Dr2)/4*z2;%torque[Nm]

406

407 power_loss_axial1=T_axail1*2*pi*n1/60;%[W]

408 power_loss_axial2=T_axail2*2*pi*n2/60;%[W]

409 TotalPowerLossAxial_Watts=power_loss_axial1+power_loss_axial2

410

411 %Drag Loss in interlobe clearance

412 for i=1:196

413 tau_interlobe(i)=(mu*z1/z2/B2)+(B2/2)*dp(i)/InterlobeSLlength;%shear stress[N/m2]

414 end

415 tau_interlobe=sum(tau_interlobe(1:i));

416 %Rotor interlobe power loss [W]

417 T_interlobe=tau_interlobe*InterlobeLeakageArea*pcd1/2;%torque[Nm]

418 TotalPowerLossInterlobe_Watts=2*pi*n1*T_interlobe/60*z1%[W]

419

420 %Total drag loss

421 DragPowerLoss_Watts=TotalPowerLossAxial_Watts+TotalPowerLossRadil_Watts+

TotalPowerLossInterlobe_Watts

Guide to use the drag loss computer-programme:

To e�ectively model and analyse the compressor's operation and process, it is re-

quired to de�ne various input parameters that encompass both operational and ge-

ometric aspects.

Operational Parameters:

� Compressor suction pressure (p1) and discharge pressure (p2)

� Rotational speed of male rotor (n1)

� Anticipated volume �ow rate of air at the suction inlet (vair)

� The ratio of oil mass to air mass in the mixture (mass-ratio)

� The density of the oil used in the compressor (rho-oil)

� The kinematic viscosity of the oil used (nu)

Geometric Parameters:

� Number of lobes of male rotor (z1) and female rotor (z2)

� Axial clearance gap at high-pressure end (GAPA)

� Interlobe clearance gap between the rotors (GAPR)
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� Radial clearance gap at rotor leading tip (GAPR(1))

� Radial clearance gap at rotor trailing tip (GAPR(10))

� Top land width of the male rotor (B1) and female rotor (B2)

� Outer diameter of the male rotor (Di1) and female rotor (Di2)

� Root diameter of the male rotor (Dr1) and female rotor (Dr2)

� Centre distance between the rotors (cd)

� Length to diameter ratio (L-D1)

� Helix angle at pitch (helix)

� Screw wrap angle (phi1), angle of the compression end (phi1c) and oil injection

angle (phi-inj)

� Interlobe leakage area (InterlobeLeakageArea) and interlobe sealing line length

(InterlobeSLlength)

� Gas area between male rotor (RotorGasArea1) and female rotor lobes (Rotor-

GasArea2)

� Di�erential pressure values (dp) for each compressor size and pressure ratio.

Like, dp-98-85, represent di�erential pressure for 98 size compressor at 8.5

pressure ratio.

Various geometric parameters are speci�ed as comments at corresponding lines

within the program for distinct compressor sizes (98, 141, and 231) and various rotor

pro�les (N, beta-1, beta-2, and beta-3). These parameters collectively de�ne the

compressor's characteristics, operation, and geometry, allowing for accurate mod-

elling and analysis of its performance.

The outlined method involves several distinct steps in the analysis process:

Calculation of Geometric Parameters: The initial step encompasses the calculation

of essential geometric attributes such as tip velocities, lead, pitch, and helix angle

at the outer diameter of the rotors. These standard geometric calculations lay the

foundation for subsequent analysis.

Cusp Angle Calculation: Following the geometric calculations, cusp angles for

both male and female rotors are computed. These angles play a pivotal role in

considering the actual radial clearance gap that covers the rotors within the hous-

ing. This �ner calculation is integral to accounting for the actual behaviour of the

compressor.

Varying Axial Position Calculation: The next stage involves determining the

varying axial position of the rotor starting from the angle of oil injection. This

information is crucial for calculating the sealing line length as a function of rotor

rotation angle.
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Pressure Variation and Gradient Calculation: Utilizing SCORPATH data, the

pressure variation across rotor rotation angles is acquired. This information, coupled

with the length variation calculated earlier, aids in de�ning the pressure gradient that

in�uences the drag losses.

Drag Loss Calculations: The drag loss calculation begins with the radial clear-

ance, followed by calculations for axial clearance and interlobe clearance. These

sequential steps facilitate a comprehensive understanding of the drag losses within

di�erent clearances.

Shear Area Calculation: The torque calculations necessitate the computation

of shear areas for di�erent clearances. The shear area for the radial clearance is

determined using the product of top land width and rotor lead. The axial clearance's

shear area is calculated by subtracting the gas area (obtained from SCORPATH)

from the total annular area. The interlobe clearance's shear area is based on the

leakage area calculated in SCORPATH.

Oil-to-Gas Mass Ratio Consideration: To account for the e�ect of the oil-to-gas

mass ratio, the shear stress calculated for discharge axial clearance is multiplied

by the mass ratio between oil and gas. This adjustment ensures that the analysis

captures the realistic behaviour that arises from alterations in oil �ow rate, o�er-

ing a more comprehensive understanding of the performance's response to changing

operational parameters.

This stepwise approach demonstrates the intricate process of analysing drag

losses, including the integration of geometric, �uid dynamics, and operational con-

siderations to provide a holistic view of the compressor's behaviour.
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